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Abstract

In the wake of therising global demandor more electric transportation aerospace
electrificationis becominga highly activeresearch areascommercialfully electric aircrafts are
becoming a realityThetransportatiorelectrificationindustry ischallengedo developpowerful
safe andcompactsized machinethat can regcefossil fuelpoweredengines iraircrafts Axial
Flux Permanent Magnets (AFPM) machines are currently being intensively devakpgreat
candidate fothis purpose duéo theirinherentlyhigher power densitgomparedo other machine
electric machinetpologies The efforts ofurtherincreasingAFPM machinepower density add
more thermal challenges as intensive cooling is required at a relatively small machine package to
avoid machine failure. One of the most concegri@luremodesn these machines is power output
reduction due to overheating of the remounted permanent magnets or even complete failure
due to irreversible demagnetization. Thesearchdiscusseshe design process ah integrated
rotor air coolirg system foa 100 kW AFPM machine designéor an electric aircrafpropulsion
system The embedded cooling system allows the rotor to beeeled at a sufficient cooling rate
while minimizing the impact on machine efficiency due to windage powerdo$be presented
design process includes several stages of cooling enhancement inthedaaiglition andfine-
tuning of rotor fan blades and rotor verdesign These enhancements are done by studying the
air flow over the rotor surfaces in conjunctiortiwieat transfer througbonjugate Heat Transfer
(CHT) ComputationaFluid Dynamics (CFD) analgs.In aninitial study, differentrotors with
different combinatios of rotor cooling featuresare studiedand her thermal performances
compared Theresultsshowthat using rotor embedded fan blades in throughflentilated rotor
geometryoffers the besperformancebalance achieving sufficientrotor cooling ratewithin a
reasonabléncrease of windage power logsparametricstudy is performe toimprovetherotor
blade geometryor a higherratio of heat transfeto windagelosses Another studyis performed
where the rotor anthe enclosure geometries are fin@ed simultaneously reduce theegative
effecton rotor heat transfer imposed lige enclosureThe inal geometry of the rotor enclo®
assembly is generated ledson theresearch resultand the desigis integrated ito the final
machine prototyp& be tested
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Chapter 1

Introduction



1 Introduction

1.1 Background and Motivation

Transportation electrificationas recentlypbecomeanecessityhat is ndonger overshadowed
by the highly developetbssil fuelpoweredtransportation systemblowadaysyovernments
arenot just enforcingtrict regulationson vehicle emissions batisoaming for the complete
banof fossil fuelpoweredvehiclesby the end of te decad¢l][2]. Such regulations push the
marufactures and the whole transportation industry towards electrificafidre strong
influence of transportation electrificatiam the automotive industryandthe electrification
research in accordancerives arising movemento broaden thelectrificaion initiative to
include, not justground transportation, but alsmr and marine transportationas more

powerfuland efficientelectric drivetrais choiceshecome available.

1.2 Aerospace Electrification
Thereis no doubt thatwiation transportations one ofthe biggest contributgrto global
greenhouse ga&HG) emissionscontributing by 2.4% of thglobal CQ emissiond3][4].
Aviation is the higheslGHG emitting mode of transportation ppassenger per traveled
distance among otharodes as shown kig. 1-1 [5]. Hence there is @rowingglobal interest

in aerospace electrification.

Eurostar (high-speed railfg
Coach
Domestic Rail
Car (4 passengersIEEIE
Bus

Car (1 passenger IV N

Long haul flight 93

Domestic flight 121

B CO2 emissions = Secondary effects from high altitude, non-CO2 emissions

Fig. 1-1 Comparison ohormalisecemissionger passenger pkm travelledof different
modes otransportatior5]



Two main challenges amirrentlyfacingthe electricaerospace industr¥irst, therelatively
low power densityoffered by currenklectric energy storagechnologiescomparedd jet
fuel as a mean of energstoragecommonly usedin nowadays aircraftsSecond, the
immaturity of currentstateof-art electric propulsion systente matchthe current standards
of air transportatiorj6]. While theall-electriclong-haulcommercial flights might stilhot be
achievablewith current technologietense researcillowed making grounds the areaf
electrifiedurban air mobility{7]. Electricverticaltake-off andlanding(eVTOL) aircraftsare
great candidate$or urbanair mobility and intercityair traveling with many successful
prototypes(shown in Fig. 1-2) being currently testedor commercializationby major

aerospacendustryleading companiei8][9].

Fig. 1-2 Joby fourpassenger eVTOL prototype duriad50 miles test flighf9]

1.3 Axial Flux Permanenivagnets Machines fokerospace Applications.

Axial flux permanent magn€éAFPM) machines are great candidatesd®iTOL powertrain
given theirhigh power densiticompared toother electric machine topologi¢$0]. The
inherently longetorque arm of thexial flux machine topology results in a very higihque
production inarelatively compact machine packagjee.However, the cmpact machine size
imposes challenges on the thermal stability of the machim@eesintensive cooling needed
within a limited spae. Efforts are donéo further increas AFPM machinegpower density
electromagneticallyhroughthe control of theslectric current without changing the machine

3



size or geometryThis resuls in very higheddy currentosses in both the stator and tioéor
thatcan trigger many of the failure points in the macliimet thermallymanaged.

High powe densityAFPM machines stators are usyalboledusing dedicatetiquid cooling
loopssince the highest losses are usually concentrated in the [4thtoDn the other hand
considerabldeatlosses are also generated in the rotor due to elecsaaéllas mechanical
lossesRotor lossesan lead to output power reduction due to magnets overheating or even
complete failure due to irreversible demagnetization if the magnets are not adecpaitd

[12]. Machine losses can @oken downas shown irFig. 1-3. Efforts to increase AFPM
machine power density haresulted in exacerbating magnet overheating issspgcially

for anair-cooledrotor. This is due to the higher eddyrrent losses in the magnets associated
with the higher flux generated by the stator at a limited rotor cooling capacity. Cooling the
rotor predominantly by air limits the cooling capacity since the cooling rate aetidby the

rotor geometry and operating speed. Nevertheless, air cooling has the advantage of being a
simple and less pow@onsuming rotor cooling method compared to other methods such as
phase change and liquid coolifig]. Moreover, he air cooling rate can be maximized at the
sameoperating conditions by improving the rotor geometry to enhance the airflow over the

rotor surfaces

4 N

Machine losses

Electromagnetic losses Mechanical losses

J

( N[ N Y

Bearing Windage

Stator losses Rotor losses losses losses
.}77 —7\(77 _ ‘\‘(-_,7 —— _ A N J
Magnet
AC copper | Stator Iron eddy Rotor Iron
losses losses current losses
)i | losses | )

Fig. 1-3 Breakdown of AFPM machine losses



1.3.1 Machinetopology
The designed machirteas aSingle Stator Duble Rotor §SDR AFPM topologyas shown
in Fig. 1-4. Themachine has a total of J#®les The statoand thewo rotorsaremountedon
a shaftat the center withwo bearing couplingneon each rotorThe stators liquid-cooled
through aseparate coolingobp fed through manifolds embedded in the motbousing
(casing. The motor housing alsacludesthe air paots (Singleinlet and multipleoutlets)for
the proposed air cooling systemwo rotor covers are attaché&althe housing, one on each
sideof the machie. The two rotor coves containembeddednlet manifolds for each rotqr
while one othecoversalsocontairsan enclosure fothe resolveto bemounted Accordingly,
the rotoropposing this cover is designed to have the resolver target mounted on it.
The machine igequiredto be stackableas shown inFig. 1-5 (b). This means thatwo
machines can b&acked on top of each other coupled through a single bBbaftetheaccess
to the machinecooling systemscan only through its side. Additionallythe converteris
designed to be mountéa the sideof the machinallowing it to bemodularas shown irFig.
1-5 (a). This addsnore challenges to thaar cooling system desigas will be discussed later
in Chapter 5.

Fig. 1-4 Preliminary SSDR AFPM machine design.



Fig. 1-5 (a) Representation of thellf modularassembly of the machirend the inverter(b)
Stackedmotors assembly

1.3.2 Machineoperatingconditionsandrotor lossesanalysis
The rotorstructureconsistof aHalbachmagnets arrajorming atotal of 16 polesvith a back
iron of a smalletthickness The magnets areonded tahe back iron usingnagnetadhesive
andboth arebonded to an aluminum rotor carrigsing thesame adhesivd he adhesive bond
line is estimated to be of 0.05mm thickneBise rotor structure isiountedo the cergr shaft
with bearing coupling between each rotor and the stateerotor and the statoassembly
haveal mm airgapthickness A schematiof themachineassembly is shown iRig. 1-6 and

rotor materials antheir properties are listed ihable1.

Property Magnets Back Iron RotorCarrier Adhesive
Material NdFeB Cobalt steel ~ Aluminum Epoxy based
Thermalconductivity
(W/m.K) 7.6 36.1 237 1.87
Density (kg/n) 7580 8120 2702 1900

Specific heatapacity

(J/kg.K) 460 440 903 ~1100

Tablel Rotor components materials and their properties
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Fig. 1-6 Schematic ofAFPM rotorstator assemblgnd losses involved.

The machine is designed to have a continuous power output of 100&iMation speed of
6500 RPM.This operating point is chosen as the design point fontaehine thermal design
Rotor losses due to eddy currents are estimated baslee continuousesign point assuming
magnets temperature of 10WC. Moreover, a safety factor (SF) is added for the
electromagneti¢EM) losses to account for uncertaintidsbreakdown of theotor lossess

shown inTable2

Continuous poweoutput 100.3 kW
Rotational speed 6500 RPM
Magnet eddycurrent loss 593 W
Rotor iron loss 28 W
Rotor losses RotorBearing loss 537 W
Total (including 10% EM SF) 1220
Total per Rotofincluding 10% EM SF) 610

Table2 Rotor losses atontinuous power outpaiperaton point



1.3.3 Rotormodes of failure andonsiderations

Rotor modes of failure can lotassified intathefollowing:

1. Thermal-electrical failure due tomagnets overheating resilh demagnetizatiomnd
power loss. FONeodymium magnetsnagnetic fluxreducedinearly as the temperature
increase aa result of reversibldemagnetizationThe drop becmes more significanpast
the 120 C reachingrreversible denagnetizatiodimits at 150 C as shown irFig. 1-7
[14]. Accordingly, the magnetic torque also decreases with the increase of the temperature
proportionally. However, the nonlinear drop in torque starsdater temperature of 100
C asshown inFig. 1-8. Therefore, maximum magnets temperature of @08 set as a
design limit in this research.

15
+ Measurments
= Manufacturer Data
m 1.4
>
=
3 1.3
[a)
x
=
Y
O
©
c
% 1.1
s .
1
20 40 60 80 100 120 140

Temperature [ C]

Fig. 1-7 Effect of magnets temperature @nx density [14]

2. Thermal-structural failure due to epoxy adhesive failure due to its temperature
exceeding the glass transition limit. Past the glass transition temperature, the cured epoxy
tensile strength drops drastically which migrduse magnets debonding from the
mounting surface and complete structural failure of the machine. The magnet adhesive is
selected to have a high glass transition temperature a€ 2@@ording to the manufacturer

data.
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Fig. 1-8 Effect of magnets temperatusa magnetic torqupL4]

3. Mechanicatstructural failur e due to excessive stresses on the rotor carrier as a result of
the machindighrotational speedausing rotor deformatioithe aluninumrelatively low
tensilestrength compared to otheommonly usedotor materialge.g., steelor titanium)
is compensated bincreasing the rotor thicknesghere stresses are found to be high.
Despitesuch disadvantagef aluminum as a rotor carrier materidbk superior thermal

conductivitymakesit a better optiofirom athermal standpoint

The machine is designed to operateharshambientconditions Two main factors are
considered to define thesmnditions, theambient temperaturéor inlet flow), and the
operationaltitude High air temperature aridw air densitydue to elgationcan significantly
deteriorate thenachinecooling systera performanceéNorstcase conditionfor the rotor air
cooling systendesgn are defined ab5 C ambienttemperaturer at sea levelAlthough the
machine is designed tperate asltitudesas high ad45000 ftsignificantlyreducingthetotal
cooling air mass flow ratand cooling performancat is found that the effect dfigher
temperatureis more criti@l to the rotor than the effect of elevation Moreover, the
simultaneous occurrence of the two conditiisighly unlikely given theinherentlylow air

temperaturat highaltitudes(at 15000t the ambient air temperaturenesarly-15 ).



1.4 ResearclObjectives

Theaim of this research is to develop imegrated air cooling system for rotor cooling m a
AFPM machine. Thecooling system is intended for reewly developed 100 kW motor
developedy Eatoncorporationand McMastelniversity. The machinesitargetedo be used
for aerospaceapplications, eVTOL pnoulsion drivetrain specifically The required
continuous high power output fihiight operation, as well as, étstrictflight safety regulations
mandates having reliableand efficientrotor cooling system to ruleut the rotoras one of

the machine critical failure pomtThis is done througthe followingdesignstages

1.4.1 Thermal analysisf AFPM machine rotor
The failure modes of the AFPM machines rotahether it iselectromagnetic or structural,
areoftenrelated tothermal failuresin order to design anffective rotor cooling systema
number of studies are done through this research to understatietmal behavior in the
rotorand assess its performancesatry design stagerior to prototyping This is done with

the aidof computational fluid dynamics (CFD) simulatidios fast and reliableesults.

1.4.2 Improvement of rotor geometry for rotor air cogl enhancement
Theinherentlylimited capacity of air coolingelative to the high heat losses generateitie
rotor during continuous operatiorsquiresadaption of its geometyp enhance the cooling.
Two design parameters ae¥getedhroughtheenhancement of the rotgeometryFirst, the
rotor pumping capacity (mass flowrgteand second,the convective heat transfen its
surface The two parameters control the cooling rate otee rotor surface, hence, the
temperaturaistributionand the maximum temperatuoé local hotspotsOne drawback of
such enhancement is the increased windage losses ithgectmsedirag and frictiorover the
rotor surfacesDifferent geometrical features are tested angdroved in this researciihe
rotor geometries are judged basaa their abilityto achieve the best cooling performarate

the lowest possibleindage losses.

1.4.3 Design and thermal modeling of the rotoenclosure assembly
The requirement of thmachine to be enclosed imposes a challenge to the air cooling design
of the rotor due to thencreased pressure losses causing reductitretdtal mass flow rate

and unevenness the flow over the rotor surfaces. Few iterationscamee for improvement
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and finetuning of the full rotorenclosure assembtyeometrywithin the allowable machine

package size

1.5 Thesis Outine
Chapterl: Introduction
A brief discussion of thengoing effortan the field of aerospace electrificaticaand it being
the driving motivation behind this researéPM motoris discussed asgood candidate for
electric aircrafts drivetrainMoreover,the stepsfollowed in this research fadesigning a
reliableembedded aicooling systenfor an AFPM machineotor are furnished.
Chapter2: Rotor Air Cooling in Axial Flux Permanent Magnet Machine
A survey of the related researah theair flow in rotorstator sygems in generaand AFPM
machines in particulaifhe surveyaims forunderstanding the flow and coolingechanisms
in rotor-stator systemsalsoto setguidelines for théest initialrotor geometryin terms of
coolingbased on the findings other researchers.
Chapter3: Computational Fluid Dynamics
Discussingthe rotor air cooling thermal analysis problem fron€omputational Fluid
Dynamics CFD) point of view The setupof the differentrotational modelsised forrotor
simulations are discussed detail The benefits of Conjugate Heat Trans(@HT) CFD
simulations for rotor cooling simulatiomser analytical and convention@FD analyses are
alsoargued.
Chapterd: Integrated Rotor Air Cooling Improvement adsign Iterations
In this chapter, thprocess oflesigning an efficierotor cooling system is discussed, starting
fromtheinitial direction settindor therotor coolingsystem to the final roteenclosure system
prototype design.
Chapter 5: Conclusioand future work.
A summary of the work done in this reseaestd statementf the importanbutcomes and

futurework and designthat can beesearchedbr further improvements.
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Chapter 2

Rotor Air Cooling in Axial Flux
Permanent Magnétdachine
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2 Rotor Air Cooling in Axial Flux Permanent Magnet Machine

This chapter discusses the physics and the understandings behind rotor cooling in AFPM
machines. This is done by going through likerature and the studies done regarding this
topic. The thesis studies the design process and improvement of a rotor air cooling system for
an AFPM machine; accordingly, the flow over rotating bodies is of great interest, and it is
studied first to fullyunderstand the associated flow patterns over the different rotor surfaces.
These flow patterns usually have a great effect on heat transfer. The next section discusses the
heat transfer over the rotor body while focusing on the different analytical andrical
solutions for the heat transfer over the different surfaces of the rotor. For instance, the heat
transfer at the air gap was studied by many researchers due to the complexity of the flow as it
varies with the gap dimensions, rotor geomeind opeating conditions. The other surfaces

of the rotor including its internal rotating cavity, rotor back, vesmsl blades also have to be
studied since the air flow exhibit different patterns over each surface, this affects the heat
transfer intensity oveeach surface which involves different solutions and heat transfer
correlations for these solutions. Finally, the last section is reviewing the different approaches

studied in literature to improve the rotor air cooling in AFPM machines.

2.1 Flow Over RotatingDisks

The rotor of altAFPM is usually designed asflat disk with the permanent magnets mounted

on one side of it, therefore studying flow over rotating disks is of great importance to this
research. The rotor disk rotational motion induces a centrifim&laround it known as
Bddewadt flow. Von Karmafil5] investigate this type of flow by modeling the flow over

a rotating disk of an infinite radipgeducing NavieStokes equations to four coupled
nonlinear ordinary differential equations through different assumptions. The study
concluded that the fluid around the disk that is initially at rest is subjected to viscous stress
at the disk boundary as resultof the disk relative motion as it rotates at steady angular
velocity. The viscous forces drag the fluid at the disk boundary in a circular motion.
However, due to the absence of a pressure gradient in the radial inward direction, the
centrifugal brce on the fluid makes it move in a spiral motion towards the disk periphery

rather than in a perfectly circular rotation. This results in a centrifugdikiaction where
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the fluid is drawn axially towards the disk and flows outwards at its outeetkant he axial

flow towards the disk surface enssitbat the mass flow is conserved, and the vorticity is
confined in the boundary layer over the disk surface.

Rotating flow over a stationary disk was solved by BodeWtslt and found to have an
effect opposite to what happens in the case of the rotating disk. The fluid near the disk surface
flows radiallytowards the disk center

The rotating flow behaves differently when confined between a rotating and a stationary
disk. Therefore, the case where the flow is confined between two disks with one of them
being stationary and the other is rotating at a sigewtational speed had to be studied
separately.

Batchelor{17] invedigated this casby solving the differential equations for an asymmetric
flow between two coaxial disks of an infinite radius. According to his solution,-&isoous

fluid core is formed between two separate boundary layers at each disk surface. The
boundary layers at the stator and the rotor can be either laminar or turbulent depending on
the rotor rotational speed and the resulting Reynolds number. The rotating core is balanced
by a radial pressure gradient that opposes the centrifugal force. Thekedeskeep the
rotating core at a nearly constant radial positioagiten rotational speed. Stewartd8]

solution opposed Batchelor solution showing that there is no core rotation and that the
tangential velocity can vary from zero at the stator boundary to @anorvalue near the

rotor surface. The contradicting solutions of Batchelor and Stewartson were mentioned in
many following studies that provided numerical and analytical solutions for Von Karman
similarity equations that supported either of the two solstjdf] [20], and other review
articles in literature reked to flow over rotating disks where the different solutions were
reviewed and discuss€@1] [22] [23] [24].

Mellor et.al [25] provided a solution for the milarity equations for infinite disks and
discussed the possibility of the two solutions at different Reynolds nuwalhezs with
Batchelor flow was associated with low Reynolds flow. They also suggested the possible
influence of the disk edge effect dmetflow type inthe case of a finite disk, where the
outward flow near the rotating disk edge isirgested in the boundary layer over the

stationary disk inducing core rotation. Brady and Durlofi2§] studied the solution for
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disks with finite radius and found that the Batchelor flow type is associated with enclosed

rotor-stator assemblies, while Stewartson flow type can be found in open periphery

throughflow systems. Batchelor flow type was also noticed in throughflow systems at low

Reynolds number. Daily and Nej@Y] studied the flow in an enclosed ro&tator assembly

and clastied the flow in the clearance between the two disks (or air gap) into four different

flows dependent on the rotational Reynolds number, and the ratio between the axial

clearancej hand disk radiusY, usuallyreferred to as air gap ratiG€s/R). Experiments

were done using different air gap clearances at rotational Reynolds number ranging*from 10

to 1¢. The authors proposed four possible flow regimes and related their existence to

different combination of lhe gap axial clearance and the flow Reynolds number. The
mentioned flow regimes can be classified into first, turbulent and laminar flows of merged
or nonrmerged boundary layers. Accordingtbe figure belowig. 2-1), the following can

be observed:

1) laminar flow with merged boundary layers exists at low Reynolds number and small
gap clearances.

2) laminar flow with noamerged boundary layers exists at larger axial cleasanthile
for a given axial clearance the laminar boundary layers can become unmexigiggthex
Reynolds number. For small gap clearances, the boundary layers will stay merged even
atahigh Reynolds number before they transition into turbulent bouraeys.

3) merged turbulent boundary layers exist at high Reynolds number and small gap
clearances. At larger gap clearances, turbulent boundary layers may never become
merged.

4) non merged turbulent boundary layers can exist at any gap clearance if Reyndids nu

is high enough.

It was also observed that a minimal radial outflow exists midplane across the gap and that
the average tangential velocity in the gap decreases as the gap clearance is increased at a

constant Reynolds number.
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Fig. 2-1 Four air gap flow regnes as defined by Daily and Ne{Z7] based onG andRey,
from Owen and Rogef&28]

Poncet et. a[29] studied the turbulent flow in a rotgtator system with and without a
through flow. The flow was studied experimentally and numerically at three different values
of Reynolds numbers and two different gap aspect ratios. The study concluded that the flow
remains of Batchelor type for closed systems as well as when a weak through flow is allowed.
The study also showed that increasing Reynolds number at a given through flow rate changes
from Stewartson type to Batchelor type. The results showed that bottyflesican ceexist
at different disk radial locations and that the Stewartson flow tends to dominate the flow at
the smaller radii.
The transition from Batchelor to Stewartson flow was found mostly dependent on the
throughflow rate. Two correlations thaelate the flow entrainment coefficietthe ratio
between the tangential velocity of the flow at the rotating core and the disk surface), and the
local flow rate coefficientCq, were derived from the collected experimental data shown
Fig. 2-2. Note that highK values denote the Batchelor flow typle variableCqg can be
expressed through the following equation, wH@res the volumetric flow rate:
L. 0YQ T 1)
NI
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In a further study30], Poncet et al. studied the transition of the fleant Batchelor to
Stewartson type under the influence of superimposed through flow, it was found that the
direction of the througtffiow is determinant of the type of the flow. Superimposed centripetal
flow kept the flow of Batchelor type while it had faster core rotation than in case of closed
system Batchelor flow. Also, the transition from Batchelor to Stewartson was chaeatteri
usingRossby numbeRo, considering the radial position in the gap accordingigo2-3.
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2.2 Heat Transfer in Rotating Disks
Cobb and Saundef81] derived correlations for the mean Nusselt number on a free rotor
based on experiments run on a heated rotating disk for both turbulent and laminar flows, with
the transition recorded &ey & 2.4e5. For laminar flow over laminar flow over a free rotor,

the average mean Nusselt number can be calculated using this equation:

6o @ vl (2)

While for turbulent flow, the meaNusselt number equation can be expressed as follows:

6o mBrp¥Qs (3)
Dorfman[32] argued the existence of a relation betwdensurface temperature distribution

over a free rotating disk and the convective heat transfer. Accordingly, for a temperature

profile of:

iY@ )

The heat transfer for a laminar flow can be expressed through the local Nusselt Number

equation given belodior YQ p& ¢ p 1T

00 TN@ I ¢ YQ 8 (5)
While for turbulent flow Pr=0.72)for' YQ c& ¢ p 1T
00 mBipw¥ ¢ 80i8 YQ e (6)
The correlations provided by Cobb and Saunders, and Dorémeaonly applicable for a
heated free disk only, however, these correlations are not enough for representing the heat
transfer in an AFPM machine rotor given the small clearances around it. Owen and Rogers
[28] defined a limit for gap ratio over which the stator influence on the air gap flow can be

neglected and the rotor can be assumerfi@e disk.
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This limit is a function of the rotational Reynolds number and can be calculated through the

following equation:

0 p8ruYQ® (1)

This ratio is found to be higher than most of the clearances ratios around the rotor in our
machine, therefore, free disk heat transfer equations cannot be utilized and heat transfer in
rotor-stator systems has to be studied.

For fully enclosed shrouded rotstator systems, Owen and Rog28] analytically derived

four mean Nusselt Number correlations correspondingach of the fouflow regimes

discussed by Daily and Nef&7], and they are listed in order from regime | to IV as follows:

66 O ®)

0]
06 —pfy ‘o7 vyqQf ©)
56 g 1yqQT (10
5o VR vor &

Where the mean Nusselt number was related to the correlations presejtéfdfor the
dimensionless moment coefficient on one side of the rGgrthroughthe equation below:

Yo (12

00
The correlations fo€m were driven for a range of Reynolds number betweéntd @0’ and
gap ratios G =0.217, 0.115, 0.0637, 0.0255 and 0.0127. These ranges are applicable for the
0 6values based on it for a rotor surface of a temperature profile ( Y @& facing a
stator of constant temperature equidls
So00[33] analytically studied the heat transfer for a laminar flow in a shrouded statimr
system with an imposed infldautflow at the center at different pumping rates. The study
concluded that a net outward flow in the air gaiore beneficial for the rotor heat transfer

compared to inward flow.
19



Kapinos[34] performed an experimental study for an unshrouded +stéttior system with a
throughflow superimposed at the center. The studied flow corresponded to turbulent regime

|l V from Daily and Ne c e 0dthesnieandysselt fumizer ogeother e | at
rotor surface at the air gap for turbulent air fig=0.72)at different air gap ratios (G=0.016

0.065) was driven based on the experiment results:

66 mdroTp0ot o YQs (13

where,Kgyis a parameter calculated as a function of the imposed volumetric flow ratXaand

is the ratio between the inner and outer radii of the studied air gap.

Owen[35] further studied the rotor heat transfer with superimposed flow at the center of the
stator in an unshrouded system. A correlation fer ltbcal Nusselt number was derived
analytically and the mean Nusselt values agreed with Kapinos experimental reabiighat
Reynolds number. The study concluded that the superimposed flow has increased the system
heat transfer when compared to a freskdWhile this increase is dependent on the imposed
mass flow rate, rotational speeahd air gap ratio. The study also suggests that the convective
heat transfer is found more dependent on the mass flow rate and less dependent on Reynolds
number values albw Reynolds number foG<0.06. this was found agreeing with the
experimental results frof35] and[36]. In another stud§87], the dependency of heat transfer

on mass flow rate was related to the radial to rotational Reynolds numbeR#&ati8,flow

of Re higher than 0.875 has the rotor heat transfer mostly dependent on the masdelow r

WhereRe can be expressed by the equation below:

" 6 (14)
YQ
¢t 0YQ
And, Cy is the nordimensional mass flow rate expressed as:
s 9 (15
° Ty

Boutarfa and Harman[88] studied heat transfer in an isothetmanshrouded rotestator
system experimentally. The studied setup had an opening in at the stator center allowing for
throughflow naturally pumped through the rotor movement without superimposing additional
air flow. The study is carried for at a randeatational Reynolds number 58K Re<1.4e6,
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atG = 0.01, 0.02, 0.06 and 0.17. The study repottedorrelationsshown belowfor local
and mean Nusselt number for different combinatiorRe&ndG.

For laminar flow and5=0.01

06 x&8 ¢gvQ°l (16)
when0.020G(0.06
06 Mp v8Xx pm A YQBF (17
whenG.06
06 Mup M ecpm A T yYQ?d (18)
in case of free disk:
06 T®UYQ?® (19)
For turbulent flow and5=0.01
60 MITVYQ® (20
when 0.09G(0.06
66 Mopg® XA 8 YQ7 ! 2
whenG(.06
06 Moy @ wh 8 YQB (22)
in case of free disk:
(239

06 mdrc nwn?d
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The results showed the throughflow allowed through the stator opening increased the Nusselt
number values on the rotor surface regardless oRtand G values when compared to
closed systems. The study also shotred forG = 0.01 the Nusselt number over the rotor is
nearly constant across the air gap, agreeing with Owen and R28gnwith a higher mean

value compared to larger gap ratios at the sR@eThe author related the reduced mean
Nusselt number in higher gap raitw the fact that they result in lower air flow rate and
Batchelor flow structure across the air gap. They explained th& #00.01, the flow in the

air gap is dominated by the viags forces resulting in a Couette flow type filling the entire
gap, similar to regime | and Il discussed by Daily and N2€g This resulsin ahigher rate

of heat transfer at the inner radii where the boundary layer thickness is relatively small. As
the flow progress to the gap periphetize boundary layer thickness increaaed viscous
forces become more significant which deteriorates the heat transfer. Moreover, the air
temperature increase as it flows radially reaching temperatures close to that rotor
surface, which further deteriorates the heat transfer. Accordingly, the local heat transfer
coefficient decreases proportionally with the radilise figure below(Fig. 2-4) shows the

effect of different gap ratios on the measured local heat transfer across the aiRgap at
2.3465. It is worth noting that the authors defined the lamtodsulent transition region based
ontheRotational Reynolds numbdRgr pbetween 1.7€b and 3.585, thesevalues agree with

the results fronf39].
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Fig. 2-4 Local Nusselt number on the rotor for differ@values aRer= 2.345 [38].
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The figure below(Fig. 2-5) shows the mean Nusselt number at different Reynolds number
values and gap ratios, it is noticed that the heat transfer increases significantly as soon as the
flow reaches the transition rieg, also a trend can be seen where the heat transfer significantly

drops for gap ratios;, between 0.01 and 0.06 regardless of the Reynolds number value.
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Fig. 2-5 MeanNusselt number as a functioni®é&; andG [38].

This research will be frausing onstudyingthe thermal behavior of turbulent flows in small
air gap ratios 6<0.01) given the operating conditions and the electrical design of AFPM
machines which favors havirgnarrower air gap to maximize electromagnetic torque as a
result of hgher inductanc@0] [10]. Also, the ehanced heat transfer associated @9.01

as presented if38].

Rasekh et al41] provided a comprehensive numerical study for the heat transfer in AFPM
machines. The study was carriedt for an unshrouded rotetator assembly withnaaxial
opening in the rotor for throughflow ventilation. Moreover, the rotor had sunfeeeted
magnets poles with annular air channels in between each pair actingrsifugal fan and
enhancing the system air flow, hence the heat transfer. Myitypéeneters were varied in the

study and correlations for mean Nusselt number were derived accordingly. The correlations
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constants are optimized so that their results are independent of the system dimensions and
ambient temperature. The results showed thatmagnets (rotor surface) heat transfer is
directly proportional with the air gap ratio, opposing the results {@8hand[38]. Perhaps

the difference in results is due to, first, the major difference between the studied rotor
geometies, second, the fact that the existence of annular air channels affects the flow field at
the air gap as they become the main air flow passage in the system according to the results
presented by Howey et §2] and Airoldi et. a[43].

2.3 Rotor Thermal Modeling in AFPM Machines

Despite the large body of literature concerning the heat transfer over rotating surfatas in
stator systems, few studiagefound regarding rotor cooling in AFPM machines in partigular
compared tothe subject ofstator coolingwhich is found to be very well researched.
Alternatively, the average convective heat transfer coefficisnisedin lumped parameter
thermal models for studying the machine thermal performahRawizal [44] reviewed
previous studies that used lumped parameter methods igirgjudFPM machines and
concluded that, while they offer a fast way to estimate the machine overall thermal
performance, solely relying on this method can be of considerable drawbacks. The
shortcomings of the lumped thermal paramesgeesisually brought bek to their inability to
account for the actual machine geometry, reducitgfgw nodal points which neglects the
spatial variation in temperature due to variation in surface properties. Additionally, the
systematic inaccuracies duethe utilization d correlated values of contact resistances and
convective heat transfer coefficients that are usually basednalike geometries and
operating conditions from previossudies. AlthougHew studies reported high accuracy of
lumped parameter thermal modelsen compared to experimental res{dts] [46] [47] [48],

the solution accuracy can be strongly affected inhimees of highly complex surface features

when it comes to airflow modeling as suggesteld ).

2.3.1 Numericalthermalmodeling
Numerical simulations overcome the discussed shortcomings of lumped parameters thermal
models as the exact geometry of the machine can be modeled and discretizefihiteo

number of elements at which energy equation can be solvisdkeBhilts in increased solution
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accuracy, besides the ability to capttirespatial variation of different thermal properties at

the surface as well as the core of the machine components. This allows machine designers to
address potential failure points due to local thermal hot spots as discufs@d in

Many studies on numericalégimal modeling of AFPM machines can be found in literature.
The simpler type of numerical thermal simulations ini@wsing Finite Element Analysis

(FEA) offers superior accuracy over the lumped parameter thermal models in terms of spatial
variation of hermal properties in the machine core. Nevertheless, some of the studies still
used the averaged flow properties for surface boundary conditions which compromises the
solution accuracy. In the study done by Wang €64l although targeting detailed therma
analysis of the rotor using FEA model, averaged heat transfer coefficients based on mean
Nusselt number correlation frofal] and[52]. The FEA model allowed faxmore accurate
distribution of losses in the magnets accounting only for the effect of electromagnetic losses
density on the spatial temperature distribution. However, the effect of spatial variation of
thermal propdies on the rotor surface was not captured.

A more complex and computationally demanding numerical analysis involves
computationally fluid dynamics (CFD). This type of numerical analysis captures the spatial
variation of surface properties through modglof the fluid flow over the machine surfaces

and the influence of different features and operating conditions on it. This level of accuracy,
however, comes at a high computational cost due to the higher count and complexity of the
equations solved per daelement in the finite element grid as will tiecussed ithe next
chapter.

Most of the CFD studies done on AFPM machines that are discussed in literature are focused
on thermal modeling of the stator. Airoldi et 3] [43] and Howey[54][55] studied the

effects of surfacenounted protruding maeis in througklow ventilated machines with the

vents located on the stator side. They only presented correlations that predict the heat transfer
coefficient at the stator at different air gap ratios. However, both studies did not consider the
effects onrotor heat transferWhile Howey et al. relied on correlations fr¢g88] to predict

the heat transfer on the rotor side. Fewer studies are found discussing the rotor sitestThe
recognized studies done regarding the rotor cooling are those done by RaseKd1dt al.
[56][57], and Fawzal et a]58] [59][60]. Prior to these studies, Hey et[éll] discussed using
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a hybrid method utilizing both lumped paramedealysisand FEA to predict the transient
thermal behavior in an AFPM machine. CFD simulations are also used to determine the
average heat transfer coefficient for the modeled enclosed machine geometry as correlations
from literature were found to be not elitly applicable to the presented geometry in their
work. The heat transfer coefficients obtained from the CFD simulations are then used as
boundary conditions in the lumped parameter thermal network. The results of the hybrid
thermal model agreed well Wwithe experimental data when validated and the maximum error
recorded was 3.4% at the end windings. On a further @]y the model accuracy was
further improved by applying Monte Carlo optimization method, achieving 53% less
temperature deviation. Despite the high accuracy of the model, itemrffjccompared to

exclusive CFD solutions can be argued in case of more complex geometry.

2.4 Approaches for Rotor Air Cooling Enhancement
Cooling the rotor predominantly by air limits the cooling capacity since the cooling rate is
dictated by the rotor geormmg and operating speed. Nevertheless, air cooling has the
advantage of being a simple and less pevagrsuming rotor cooling method compared to
other methods such as phase change and liquid cddi8jgThe air cooling rate can be
maximized at the same operating conditions by improving the rotor ggoto@nhance the
airflow over the rotor surfaces.
Many researchers have studied the airflow in AFPM machine rotating assembly and its effects
on heat transfer and cooling in generethe following sections discuss the main utilized

approaches for rotoooling improvement found in literature.

2.4.1 Ventilated rotor
Raseklet. al[56] studiedthe air flow in a discoidal rotestator system atrange of rotational
Reynolds number 2.5e10 'YQ 2.5e16, and air gap ratio$=0.0067, 0.0133, and
0.02667. The study found that the presence of vents/holes in the rotoallmydy for a net
radial outflow at the air gap. Hence, increasing the air gap heat transfer effect. However, the
study did not quantify or measure the claimed enhancement compared toentexhrotor.
Airoldi et. al[43] also argued the benefit of having air admitted through the rotating rotor boss
(hub) at the center on the stator heat transfer. However, the enhancement was also not
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guantified.Chonget al [63] discussed theffect of rotoraxial, as well as, radi&lolesin an
air cooled AFPM machinélhe studyshoweda significant increase in thtroughflow mass
flow rate by introducing the holes, which enhanceddfagorcooling in result. Similarto
Airoldi et al. studytheeffect ofthe holegotor cooling was not assessed irs tstudy.

2.4.2 Surfacemounted protruding magnets
The effect of surfacenounted protruding magnets on cooling heat transfer in AFPM machines
was investigated by Airoldi et g43]. The thickness of the surfacgounted magnets and the
rotational speed &revaried in a validated CFD model. The study found that increasing the
height of the channels in between the magnets increased the pumping capacity of the rotor
and the resultig windage losses consequently (showrdrign 2-6). This effect resulted in
enhanced theéneat transfer on the stator side. Howey et[®d] conducted a sinalr
experimental study with two rotor configurations, one with surface protrusions and another
with a flat rotor surface (without protrusionghe study concluded that the average heat
transfer on the stator side was increased by-20% at similar operatg conditions.
Rasekh et al[41] studied rotor protrusions in AFPM numerically. Unlike the geometries
presented in Airoldi et al. and Howey et al. work, the machine was throughflow ventilated
through annular openisgchannels) in the rotor. The geetry of the magnets, gap ratand
rotational speed were varied in the study. The effect of each parameter on the heat transfer in
the stator and the rotor was studied. The results showed that the overall machine heat transfer
can improve substantiallyspecially on the magnets, by having both the rotor protrusions and
the rotor openings simultaneously featured in the design. It can be argued that rotor protrusions
are only effective in throughflow ventilated machines, hence, the author emphasized on the
equal importance of both features in the design for enhanced cooling.
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2.4.3 Rotor embedded radial fan
In the efforts to maximize the rotor cooling AFPMansompel64] suggested the addition of
fan blades to the back sidetbe rotor to enhance the rotor heat transfer and structural rigidity.
Fawzal et al.[58][59]studied the implementation of this concept. ééhifan geometries
(backward curved, radial, and tear drop pillar blade) from other applications were
investigated. Each geometry was modeled separately as an embedded fan section in an AFPM
rotor. The performance of each fan design was judged basedawotimg capacity, pumping
capacity, pressure developmeamd windage losses. The study was done numerically using a
validated CFD model of the machine. Although the study showed an enhanced cooling
performance of bladed rotor design in general, this esdmant was not quantified. The
results, however, showed that the backward inclined had the best thermal performance among
other geometries since it provides high cooling capacity at low additional windage losses. The
radial blade, on the other hand, oférgightly better cooling capacity, but at high cost of
added windage losses. The authors introduced an index , Rotor Cooling Performance Index

(RCPI), for comparison of different designs based on their convective cooling capacity and
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windage losses. Thadex can be expressed using the equation below. Despite being helpful
for ranking of designs based two of the most important rotor design parameters, the index is
calculated at equal temperatures of the rotor across all designs, hence, inconsistent thermal
load. Accordingly, the index comparison might not be directly applicable when comparing
designs at constant thermal load.

On a further study, Fawzal et f80] studied the inlet and outlet arrangement for the rotor air
cooling system and its effect on the machine thermal performance. Three arrangements where
the locations and shape of inlet and outlet ports were vaithedirst arrangement had a radial

inlet and radial outlet, the second design had a tangential inlet and tangential outlet, finally
the third design hadnaaxial inlet and tangential outléfhe three designs were modeled and
simulated using CFD, wheegjualmass flow rateareprescribed at the inlet in all simulations.

The axial inlettangential outletlesignwas found to result in the lowest pressure losses and
significantly higher average heat transfer coefficientr dkie rotor at comparable windage

losses values compared to the other designs.
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3 Computational Fluid Dynamics Modeling

The complexity of solution of the flow aneét transfer over rotating bodies usually mandates
equally complex approaches. The studies in literature shown in the previous chapter adopted
analytical, computational, and experimental approaches or even hybrid methods to reach a
simplified solution forthe presented cases at an acceptable level of accuracy. Most of the
presented solutions are mainly concerned with the surface properties of the studied geometries
under certain conditions; Alternatively, internal thermal behavior of the rotating body is
usually assessed using Lumped Parameter (LP) thermal networks for a fast, yet less accurate
solution. Although this approach might be sufficient in certain cases, it might not capture the
full effect of local variations of the surface parameters on thenmiténermals.
In AFPM machines, permanent magnets demagnetization and debonding due to adhesive
failure due to magnets overheating are highly two concerning risks when it comes to the rotor
design; Accordingly, assessment of the intete@perature distribution can be of great benefit
for the machine thermal management and determination of machine continuous operation load.
As discussed earlier, relying just on lumped parameter thermal networks and analytical
calculations might not yieldn accurate estimation of the machine thermal behavior in some
cases due to the following reasons:
1. The permanent magnets on the machine rot@noAFPM machine rotor are prone to
developing local hot spots due to different factors that will be discussled next chapter.
Local hot spots in the magnets might not be captured using a lumped thermal network that
leads to inaccurate estimation of the magnets operating temperature.
2. The correlations from literature often used to determine the boundary oosditir a
thermal network are highly dependent on other factors thgtfiaan one machine design
to another such as (magnets arrangement, rotor geometry, air path routing, overall
measurements of the machine...etc.).Therefore, a detailed Computatiothddyriamics
(CFD) simulation of the flow for the designed machine considering its geometry and
operating conditions is necessary to accurately assess its thermal behavior.
3. Losses generated in the rotor are often represented by approximated constantummpera
or evenly distributed heat flux boundary conditions at the rotor surfaces in order to solve
for the averaged heat transfer coefficient values at these surfaca®thah plugged into

the LP thermal network. Thireduce theaccuracy of the solutioof the rotor thermals.
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Conjugate Heat Transfer (CHT) CFD rotational model is used for this research to avoid the
inaccuracies and limitations imposed by using alternative approaches as discussed earlier.
CHT modelscansimultaneously simulate the fluidbfv as well as the heat transfer in the
immersed solid domains. This approach eliminates the need for using LP thermal networks,
averaged surface properties, approximate boundary conditions. In combination with the ability
of the turbulence models to soli@ mass flow and other surface flow properties in rotating
assemblies a high level of accuracj44], using CHT models to simulate thermal losses in
AFPM machines rotors can yield a highly accurate estimation of the machine thermals that

can greatly help in the design pess of thermal management solutions for the machine.

3.1 Geometrical Setup
The setup of the geometry for the machine assembly rsovCh. 2 requires having a
geometrical setup that allows for CHT rotational modeling of the rotor. The CHT model setup
demanddull representation of the parts tife solid domain that affects the rotor assembly
heat transfer through either heating or cooling; Additionally, the fluid domain surrounding the
rotor to which the heat is transferred through the interfaces of the twaina
As previously discussed in Ch.2, the major sources of thermal losses in the rotor ordered from

highest to lowest are:

1. Permanent magnets, due to eddy current losses.
2. Rotor Bearings, due to friction.
3. Stator, due to heat losses in the stator core. idé@nsferred from the stat

While minor heat losses can also occur in:
4. Back iron, due to eddgurrent losses.
5. Rotor Carrier, in case of using a matewdlhigher relative permeabilitwhere eddy

currents can be generated.

These four parts of the rotossembly hence must be included in the simulated solid domain
so that the thermal losses in each are applied as a loss density) (¥itestly to the

corresponding solid body in the simulation.
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3.1.1 GeometrySimplifications
The exact geometry of the simulated amae may include parts or features that serve a
purpose in the mechanical or the electrical design, but they may be irrelevant or have a
negligible effect on the thermal design; Including such elements may unnecessarily increase
the size and complexity ahe modeled geometry. In efforts to maintain good quality,
robustness, accuracy, and computational cost of the CFD simulation, few simplifications have
to be made in the simulated solid and fluid domains geometries without compromising the
model accuracy.
As a general approach for computational domain size reduction, the smallest representative
angular periodic sector of the machine is utilized for base rotor geometry studies rather than
simulating the full 360assembly of the machine which is highly cartgiionally expensive
compared to the former approach. Nevertheless, modeling of the full assembly is used for
studying the noraxisymmetric cover geometries that might affect the rotor performance as

will be discussed later.

3.1.1.1 Solid domain simplifications
a. Rotor bearings
The rotor bearing is reduced into a simple surface at the rotor carrier inner diameter
resembling the interface between the bearing hub and the rotor carrier. This approximation

is justified based on the following reasons:

1. The rotor bearingare located in a sereinclosed region where it is not directly cooled
by the main stream of the air over the rotor, howethex heat losses generated in the
bearing are cooled indirectly through both the stator and the rotor. Therefore, only the
resultam heat flux at the bearing interface with the rotor carrier can be considered.

2. The bearing thermals are not an area of interest in this research. Hence, only its effect on
the rotor thermal performance is assessed.

3. Heat is transferred from the bearingsthie rotor carrier by conduction atrelatively
small interface area between the carrier and the bearing hub compared to the rotor surface
area.
This means that variations of the heat flux at thedarbier interface are expected to be

minimal and théosses can be assumed as a uniform heat flux over that interface area.

33



The approximation of the bearing interface allows results in a simpler and smaller size of
both solid and fluid domains.
b. Magnets and back iron
The rotor solid domain is further simpétl by reducing thelalbachmagnet array into a single
solid body. This simplification is based on the assumption that the heat transfer within the
magnets poles is nearly tvabmensional, with negligible heat conduction in the

circumferential direction. fiis is due to the following reasons:

1. The potting material of a very low thermal conductivity (< 2 W/m.K) between the magnet
poles nearly prevents the heat transfer between the magnets poles.

2. The small width of theHalbachmagnets segments combined witle ttelatively low
thermal conductivity of Neodymium magnets results in negligible circumferential
variation in the temperature within a single segment.

3. At a continuous operation of the machine, all the magnet segments will eventually reach
nearly equal sely state temperature distribution given the high rotational speed of the
machine with respect to the large thermal time constant of the magnets due to its low
conductivity. This means no heat transfer between two magnets parallel segments in the
circumfeential direction is expected.

The same simplification approach is applied to the back iron segments considering the

comparable thermal conductivity of the back iron steel to that of Neodymium magnets.

c. Rotor carrier

The simplifications in the rotor carrigeometries discussed in this research are limited to
theelimination of some of the features that are mostly related to the structural design that are
rather irrelevant to the thermal design. Some of these features are:

1. Rotor bolts counterbores

Although protruding bolts heads near the rotor impeller eye can be of great concern to the
rotor thermal performance as discussedobl, the bot heads in the rotor carrier designs
presented in this thesis are designed to sit flush in counterbores in the rotor carrier body. This
design alleviates the potential blockage of the flow area at the impeller eye by the protruding
bolts heads. Accordinglythe rotor carriers are simplified into a solid body where the small
recesses between the bolts heads and their counterbores are neglected.
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2. Resolver target.

The resolver target is eliminated from the simulations in this research for simplification of
boththe rotor carrier and cover geometry. Tisigiven that the resolver placement is set to
have minimal interference witlhhe main stream of the cooling air over the rotor.

3. Rotor enclosure.

The rotor enclosure is modeled as a simple wall for the simutadiome fotheinitial phase

of the rotor design to set up its base design and dimensions. Finally, the enclosure design and
the rotor design are fireined simultaneously for a more refined thermal performance as
will be discussed later in the results tg@t. It is also worth mentioning that in all the
simulations the enclosure wall is modeled as an adiabatic Wedkeboundary conditions
allow for modeling the air flow only on the rotor side of the enclosure wall, resulting in a
smaller size of the redgred fluid domain. Although the enclosure heat transfer can have a
significant influence on the rotor thermal performafzg, the relatively small temperature
difference between the ambient temperature outside and the bulk tempertitesgrafiside

the enclose combinealith the low thermal conductivity of the plastic machine cover result

in negligible heat flux through the enclosure walls which justifies such assumption.

4. Stator core

The stator core is simplified as a stationary wall in the simulations due to the ciynpiex

its geometry. The designed machine has a liquid cooled stator; hence it does not rely on the
air on the rotor side for cooling the stator. The contribution of the air in stator cooling is
considered negligible in comparison to the liquid coolingesys therefore, approximate
representation of the stator air side is deemed sufficient for the rotor simulation. Moreover,

this approach was justified in previous studies discussed in litergidte.

3.1.1.2 Fluid domain simplifications
The fluid domain simplifications are rather straightforward compared to the solid domain. The
simplifications process target is to minimize the fluid domain size as much as possible without
affecting the simulation accuracy or robustness.
Axisymmetric periodic computational domains were discussed in previous SHutjER].
However, most of these studies were targeted towards studying the heat transfer the air gap
with; Accordingly, the studied computational domains sizes were limited to magnets side of
the rotor mly. The computational domain geometry presented in the study done by Rasekh et
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al.[41] was modeled to solve for heat transfer coefficients for an uncovered rotor assembly.
Although the solid domain vganot included in their study, the presented geometry is found
to have the closest representation required for the CHT modeling of the rotor given the
comparable assembly of the rotor. The fluid domain in the referenced study was modeled as
an axisymmetripie-shaped periodic sector with atmospheric opening boundary conditions at
a distance equab six times the rotor radius away from the nearest walls.

A similar approach witlthe computational domain is initially used, while modifications are
done laterto improve the model convergence and reduce the fluid domaiasizeown in

Fig. 3-1. Also, the solid domain is included to allow for CHT modeling of the rotor. The fluid
domain size is reduced by eliminating the part of the domain that does not influence the flow
due to the xistence of the cover. The excluded part of the domain is replaced by opening
boundary conditions near the flow exit at the periphery to allow for air entrainwiesteas

on theinlet sideit is replaced by slip walls at the extended inlet to keep tle¢ fiaat enough

from the real inlet at the cover. Additionally, the extents of the fluid domain are brought closer
to the rotor through multiple iterations to finally set the inletdistance of 1R from the rotor,
while the outlet is set at a distance36t fromthe external cover wall. Where R is the radius

of the simulated rotor.
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Fig. 3-1 General representation of the computational domain used for sectional periodic
simulations and the specified boundaries.
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3.1.2 RotationalModelingConsiderations
The rotational CFD modeling for the rotor requires multiple considerations when it comes to
setting up the computational domain geometry. Rotational modeling can also involve more
than one frame of reference; Accordinglyis influences the geometrical setup of the
computational domain so that it allows assigning different parts of the domain to its relevant
frame of referencevhether it is rotating or stationary. The following are the two approaches

used for rotationainodeling in this research and the associated geometrical considerations:

1. Single Rotating Reference Frame (SRF)

SRF approach for rotational modeling has a single rotating domain. The entire CFD domain
in this model rotates about a single axis defined isti@onary frame. Therefore, the defined
axis of rotation must be the same axis of symmetry for an axisymmetric rotor geometry.

The SRF models allow for the use of different domains boundaries including inlet and outlets
surfaces, periodic boundariesdamalls. However, some considerations must be maintained.
First, periodic boundaries of the flow must reflect the periodicity of the modeled geometry.
Second, the angles between the periodic boundaries must be evenly divisible Inta3Sty),

the statimary walls, inlets and outlets boundaries must be axisymmetric surfaces of
revolution about the same axis as the rotating reference frame axis.

2. Multiple Frames of Reference (MFR)

The MFR models fluid domain with one domain rotating relativentmther stationary domain

with each domain hang a separate frame of reference. This approach inherently requires the
computational fluid domain to be split into two separate parts. The interface where the two
domains connect can affect the solution and convergence behavior. Accordingly, some
considerabns must be maintained to ensthe correct setup of the fluid domains interface.
First, the interface between the two domains should be a surface of revolution. Secondly, all
the boundaries that are contained in the rotating domain must follow thebsaimearies
consideration of SRF models. Lastly, roonformal meshes at the interface has special
considerationsespecially when used with periodic boundaries. This is mitigated by asing

conformal interface for better solution accurf@§]

The different approaches of rotational modeling for steady state and transient solutions will
be discussed in detail later in this chapter.
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3.2 Governing Equabns
A CFD simulation is defined through the geometry of the simulated body, the domain of the
fluid affected by the body, the conditions of the fluid at its defined boundaries, and a set of
governing equations thadre used to model the physics involvedithin the defined
computational domain. The computational domain is then discretized to infinitesimally small
elements or control volumes that allow solving the governing equations numerically through
a number of iterations.
The number and the form ofdalgoverning equations needed to solve for the flow in a CFD
simulation vay from one case to another depending on the selected physics to be analyzed,
the level of accuracy required for the analysisd the available computational resources.
Accordingly,the number of governing equations that are solved can be reduced to reflect only
the physics desired to be captured. Moreover, the selected equations can be further simplified
based on reasonable assumptions about the flow behavior. This will eventsaltyime
reduced simulation time, less computational resoyesesincreased model robustness.
ANSYS CFX solver is used for the AFPM rotor simulations in this work. The governing
equations solved by the solver are best represented by the unsteady tionstawas of
NavierStokes equations. The equations are modified and simplified given the operating
conditions and the geometry of the domain through the solver Graphical User Interface GUI.
The summary of the equations and the simplifications made @serged below.

3.2.1 NavierStokes equations

3.2.1.1 Continuity equation
The continuity equation is the base equationtii@representation of fluid motion ensuring
mass conservation. The continuity equation on a given control volume can be written as

follows:

T (24)

Where U is the fluid velocity at any given point in the computational domain. In case of a
steady state, the transient term in the equ

flow is incompressible the equation is further reduced into:
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The representation of the continuity equationthe cartesian coordinate system hence

becomes:
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Similarly, for a steady state incompressible flow:
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3.2.1.2 Momentum equation

The momentum equations described in Na@takes governing equations conserve the
momentumn a given control volume through balancing the pressure and shear forces acting
on it with the net momentum due to fluid acceleration. The conservation of momentum hence

can be written as follows:
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For a cartesian coordinate system for a tuiegensional flow, the momentum equations

become:

a. X-momentum:
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Similarly, for a steady state incompressible flow:

a. X-momentum:
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b. y-momentum
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C. Z-momentum
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3.2.1.2.1 Rotational forces in momentum equation
The effect of the flow rotation in the rotating frame in rotational models is accounted for in

the source term in the momentum equation. The rotational forces in a rotatiray¢legual
to the total of the Coriolis force and centrifugal forces as pefolleving equations:

SV oy (35)

where:

(36)

Y "1 (37)

Wherg is the angular velocity of the rotating framéis the relative rotating frame velocity

to the rotating frame of reference ani the location vector.

3.2.1.3 Total energy equation

” ‘O _ - -
T'I'—b ny” YO nO_n"Y nO'Yf YIY 7Y (38)

Where E is the total energy, related the total enthalpy (H) and pressure by:

0 Q g*v o 1 (39
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While
0 Q=Y (40)

Where h is the static enthalpy. The ter® Y8t represent the viscous wornd the term
"YOY represent the work done by external momentum sources.

By subtracting the mechanical energyd ¢ 6Q 8 from the total energy equation, this
yieldsthe thermal energy equation:
1o 1y

n T\ (%4 i \ e (41)
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For a flow of low Mach number withnegligible effect of pressure on thermal energy:
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Accumulation Advection ~ Thermal Thermal Thermal energy
of thermal of thermal diffusion energy from external
energy energy generation sources
due to shear
stresses

By assuming constant gpsoperties, the thermal energy equation is:

w
g 6;—6 DY nOo_nY @5 Y (43

The same equations are used for the rotating frame in a rotational model, however, Rothalpy,

‘Qis used in the advection and the transient terms of the equation instead of Ei@halpy,
where:

0 0 P v 31 Y (49
S C
3.2.1.4 Conjugate heat transfer (CHT) energy equation

The thermal energy equation can be set for a solid domain similar in order to solve for the
heat transport within these domains due to conductiorttenexistence of volumetribeat

sources. The form of thermal energy that is applied to the solid domain can be written as
follows:
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T_él nOENTY Y (49)

3.2.2 Equations ofState
The equations of state are used in the model to relate the préssaleme ¢, and
temperaturéYin a continuum through thermodynamic relations to predict its thermodynamic

state and properties. A general form of the equations of state can be agittlows:

© v REYNE & RFY (46)
.~ 2 Lt LT (47
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For most of the simulations in this work, air is assumexhasrcompressible fluief constant
properties at ambient conditions. The results are found to be nearly independent of the
variations in air properties at the simulated operating conditions. This assumption was
justified by other researchers in previous stufb&$.

Accordingly, the equation of state is reduced to the followdmg f

"o né os (48)

3.3 Turbulence Modelling
Turbulence is a phenomenon often related to air flow as soon as the flow hit an obstruction,
or the velocity exceedscertain limit (Y ©2300) where inertia forces dominate the flow and
the damping effect of viscous forces between its layers fails t0 ewesheagenerated
instabilities in the velocity field resulting in the formation of eddies of different scales that
causes further random fluctuations of the flow velocity and pressure. Due to the low viscosity
of air, turbulent flows at relatively lowpeeds. In this work, the high rotational speed of the
machine induces high air flow speeds over the rotor which makes the flow dominantly
turbulent over its surfaces. Modeling of the turbulent air flow is therefore of great importance
for this researchigen its high influence on rotor cooling as will be discussed in the next
chapter.
Turbulence can be directly modeled through Na%tkes equations applied on extremely

fine mesh elements in a Direct Numerical Simulation (DNS). However, this approach is
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substantially expensive when it comes to the simulation computational cost, even for simple
geometries with relatively lowgpeed turbulent flows as it resolves eddies of all scales.
Alternatively, Reynolds Averaged Navier Stokes RANS statistical modatipgoach is used.
RANS equations ignore the smalttale eddies through time averaging of the NaSkedkes
equations, where a variable in the equations is divided into a mean value and a fluctuating,

time-varying component. This can be represented thrahghvelocity componerm as

follows:
v Y 6% (49
Where the averaged componénis calculated as follows:
w P Y O (50)

Vo
WhereYois the time scale that is small enough to resolve the changes in the mean value, but
still larger than the time scale needed to resolve the eddie=rated fluctuations.

By substituting in continuity equation while assuming incompressible flow:

nO%Y 03 T (51)

Hence, the turbulence kinetic energy can be represented as follows:

P

o 263 o3 03 (59

Where only the velocity fluctuations are accounted for as they are origyealrated through
turbulence. Additionally, a Reynolds averaged momentum equation can be rewritten as

follows:
” 'rY ” '?'Y?'Y \
H S TN 4o oy (53)
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While the Reynolds averagedezgy equation is rewritten as follows:
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By comparing at the two Reynolds averaged equations above, they show tR&NBe
approach did not change the original form of Na8&skes equations. However, turbulent (or

Reynolds) stress term @ ¢ ) is added to include the change momentum flux due to turbulent
fluctuations. Similarly, turbulent heat flux terrhd "Q is added to the diffusion term in the

energy equation to reflect the change in the diffusion rate as a resiétinfroductionof
additional convective transport due to turbulence fluctuations. Although these terms do not
represent an actual stress arxfl it mathematically represents the approximate effect of
turbulence on the flow behavior in the governing equations for modeling purposes.

The RANS approach is used by different turbulence models. These turbulence models
introduce different formulas anapproaches fothe computation of unknown turbulence
stresses and turbulence fluxes, and they can be classified into:

1. Eddy viscosity models
2. Reynolds stress models

Eddy viscosity models assume continuous generation and dissipation of small eddies which
influence the turbulence stresses and flux. A proportional relationship between the turbulence
stresses and the mean velocity gradieassumed and new equations are introduced to solve

for the unknown stresses and fluxes in RANS equations. On the other hand, Reynolds stress
models solve additional transport equasidor all the components of the Reynolds stress

tensor making it more daible for complex flows. However, studies showed it has comparable
accuracy to other twequation eddy viscosity modd&y7].

Two the widely used twequations Eddy viscosity mel$ are the depsilon (kU and k

omega (k¥). The two models introduce a set of equations that are complex enough to
accurately model turbulent flow, compared to the one and-empration eddy viscosity

models. The k¢ is widely argued to have superiorcacacy for modeling adverse pressure

driven low-Reynolds near wall flow. On the other hand)k mo d e | i's known for
and high accuracy modeling of the free stream turbulence, however, it requires excessive near
wall resolution ofw <0.2 for bw-Reynolds flows compared tok mo de |l ¢ <2ush er e
found to be sufficient for most of the cases.

SST k¥ | s -eguatibnmarbulence model presented by Me[@8f based on Baseline

(BSL) k¥ model . however, it excels by proper/l
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transport, hence avoiding the overprediction of the edkbosity prediction thanks to adding

a limiter to the eddyiscosity formula.

The advantage of the SST model stem from its ability to simultaneously us&Jtrelk ¥

turbulence models within one domain making advantage of the superiority of eachamodel

different flow regions over the other.
The SST k¥ turbulence model is used for all the simulations in this work. The turbulence

model selection is based on previous studies. It was found that the results were nearly
independent of the turbulence mo@et shown irFig. 3-2), especially at high speeds where
the flow is fully turbulent in previous studifs9]. Additionally, Shear Stress Transport (SST)

k- turbul ence model provided a good

computational time and co$42]
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Fig. 3-2 Comparison of the differemtirbulence modeland experimental datstimated

rotor mass flow rate as presentediayvzal et. aJ59].
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3.4 Rotational Modeling
Rotational modeling in CFD allows solving for the flow field over rotating assemblies. Unlike,
conventional CFDmodels where the fluid is given a velocity component at a boundary to
influence the fluid motion. One of the great advantages of the rotational nithels ability
to solve for often unknown mass flow rate pumped through the system rotation, acgordingl
apredefined velocity field or mass flow rate at the boundaries is not needed to drive the flow
unlike thenonrotational models.
Introducing a rotational component in the rotating frame #uslsource of momentum to the
momentum equation as mentioneaklier in section 3.2.1. Additionally, the velocity in the
rotating frame of reference is calculated according to the equation below:

W YooY (55
where™Y s the velocity of the flow in the stationary frame oferehce, and R is the radius
vector.
The new definition of the velocity in the rotating frame is introduced in the governing
eqguations, and new forms of the equations are defined accordingly.gbiieant change is
in the energy equations where rothalpy, I, replaces the total enthalpy term in the advection

and transient terms. Rothalpy can be defined as follows:

00 g*v 19)'% 1 YD Y

(56)

One of the limitations in twequation eddy viscosity models is their insensitivity to system
rotational effects on turbulence. However, Spalart and §8]rintroduced an empirical
function to generate a multipli€€), for the turbulence energy production tefm, expressed

as follows:
5y (57)

where"Yis the strain rate magnitude expressed through this term:

N vy (59
and™Y is the strain rate tensor
w PTY 1YY
Y = — —
o 16 (9
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The production multiplierQ is expressed in ANSYS CFX through this equation:

i’ e s s (60)
5 izp OweEcCH p

wherei *, andi éare calculated through the strain ratesteri’Y , and the vorticity tensor, |,

0

that accounts for the flow rotation in the stress tensor in the momentum equation.

These modifications to the eddy viscosity turbulence meafegn referred to as curvature
correction is automatically appdid to the SST model in ANSYS CFX allowingat model
rotational flows in rotating systems at sufficient accuracy levels as shown in the results from
Fawzal et.a [58] study in the figure above. In this work, default settings for the scaling
coefficients for the curvature correction are used.

The two rotational modeling approaches used in this research will be discussed in the next

section.

3.4.1 Single Rotating Referendgame (SRF) modeling
This approach models the fluid domain as a single zone. Rotational modeling equations
presented in the previous section are solved for all the elements in the fluid domain. Rotating
walls can be modeled with the fluid zone and theiea$ on the flow field are accurately
captured. Stationary walls, however, are limited to the boundhetsemodeled asurfacs
of revolution. Hence, theimulations where sudmapproach is applicablre limited tathe
simulation of rotoassemblies with simple or no shrolwddutes.
Despite the SRF approach limitations, it can be of great advantage for fast and robust steady
state solutions of rotational flows. SRF models are used in this wattkefimitial assessment
of different rotorconfigurations and fan blade geometries. Although these initial simulations
do not reflect the effect of the full machine assembly on the cooling air flow, they helped set
the base geometry of the rotor structure. Saugnocesgan be timeconsuming usig other
computationally expensive approaches.
The SRF models in this work used a revised version of the fluid domain geometry presented
in [41]. Instead of having the fluid domain split at the air gelpatve a stationary and a rotating
domain with two frames of reference, the air is modeled as a single domain with the
statofcover walls given a counterrotating velocity component to mimic their stationary nature

in the rotating frame of reference.
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3.4.2 Multiple Frames of Reference (MFR) modeling
The MFR approach models the fluid domain as split cell zones, each cell zone is then related
to a frame of reference so that a relative motion between the two frames is allowed. For rotor
stator applications, one franmeeset to rotate relative to the other. This allows having the cell
zones near the stator components related to the stationary frame of reference, On the other
hand, the cell zones surrounding the rotor are assigned to the rotating frame of reference.
The advantage of this approach is that it allows for modeling the more complex structures of
the full machine assembly rather than just modeling the rotor. This comes at a cost of increased
size and complexities in the computational domain geometry.
Two submodels were used in this work for modeling the thermal performance of the rotor

assembly, the two models are:

3.4.2.1 Frozen Rotor (FR) models
Frozen rotor models capture an instantaneous solution of the fluid flow; The instant captured
is defined by the positioof the moving mesh relative to the stationary mesh.
The solution captured by this model is considered a steady state solution whenever the
transient effects due to flow unsteadiness are nonexistent or can be neglected.
FR models are found to accurately wap the flow properties at the steady state, however,
they failed to capturthenecessary surfadevel transient effects required to accurately model
the heat transfer in CHT model. since the rotor position is frozen by definition in this model.,
hence,the rotational effect of the solids with respect to the fluid is not considered. The
circumferentially uneven instantaneous local heat transfer on the rotor surface then results in
circumferentially uneven temperature distribution and local hot spotf®@ned as shown
Fig. 3-3. This solution is judged unrealistic given the significafahgersolid timescale of
the rotor compared to the fluid flow timescale as showrmable 3. Where, L, is the
characteristic lengttandU , i's the ther mal di ffusivity.

Domain Fluid domain Solid domain

Timescale Equation P |U_

1

Min. Timescale P8 @ o i X® X q
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Table3 Calculation of the differergimulationtimescales.

Temperature
Surface Temperature
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L 110.7
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- 107.4
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- 104.0
1023
- 100.7
- 99.0
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95.6
93.9
92.3
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Fig. 3-3 unevenspatial temperature distribution in the solid domai@HT simulationas a
result ofcomputational domains tirseales inconsistency

3.4.2.2 Transient Rotor Stator (TRS) models
Transient rotoistator moeéls use a different modeling approach than the FR models, where
the two domains are allowed to rotate relative to each other and the solution is captured at
every time step. This approach is used to capture the unsteadiness in the flow over the rotor
and ts effect on the heat transfer. Furthermore, the TRS model allows to solve at different
timescales, this allowstklingthe error due to the different timescales of the fluid and solid
domains seen earlier with the FR model. It is worth mentioning thattdady state solution
acquired using both TRS and FR modsli®und to be nearly equal which indicates minimal
unsteadiness in the flow field.

The approach followed to control the solution timescale issue is composed of three steps:
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1. Running a simulatio using TRS using a small timestep degree of rotation relevant
to the fluid domain timescale to obtain fluid flow solution convergence. It is worth
mentioning that using this timestep to obtain a converged solution for the solid domain
would requirean unreasonable number of iterations. The experimental results discussed
by Hey et. a[62] for a transient study of the rotor thermal behavior showed that the time
constant for the rotor to reach thermal equilibrium was approximately 90 seconds. This
means that more than 3.5 million iterations aeeded to reach thermal equilibrium,
assuming usinghe same rotor geometry and materials. Hence, a timescale manipulation
is used as will be discussed in the next step.

2. A second simulation is run using a much bigger timestep, relevant to the solid tenescal
while using the previous simulation results as initial conditions. The updated timestep is
chosen so that the rotor rotates 8 full revolutions plus 5 degrees of rotation each time step.
This approach mimics ad@egree rotation of the rotor every timestepich allows faster
convergence of the solution in the solid domain while retaining reasonable stability of the
fluid flow solution ensuring that it does not diverge. A converged solution of the
temperature distribution in the solid domain is reachetiimé reasonable number of
timesteps (<2000 iterations). Nevertheless, the excessively large timestep compromised
the fluid flow solution accuragyand oscillations in the flow properties and solution
residuals are noticed.

3. Finally, a third simulation isun using the second simulation results as initial conditions,
while using the initial small timestep once again. This reverses the unsteadiness in the
fluid flow domain solution caused by using an excessively large timestep in the second
step without charigg the solid domain solution. Thesuls from this simulatiorarethen

considered a fully converged solution.

It is worth noting that this approach is not followed for the steady state SRF simulations, since
an axisymmetric rotor casing geometry with circumferentially uniform inlet and outlet is
assumed. The axisymmetric geometry does not result in a considenaiuferential
variation in the fluid flow and the associated surface thermal properties, hence
circumferentially uniform heat transfer and temperature distributme inherently

maintained.
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3.5 Boundary Conditions

The boundary conditions for the differenéNg and interfaces are set in the software as shown

in Fig. 3-1 andTable4, wheae protal is the total pressur@gtaiic is the static pressure and T is

the static temperature. A constant stator temperature of 150 °C is prescribed for the isothermal
boundary condition at the air gap as a conservative approach to account for therun&abw

flux from the stator. This boundary condition is commonly used in different studies and found
to be a good approximation since the stator heat transfer is not the main concern of this study
[6] [7] [10]. Adiabatic conditions are specified for sudacwhere insignificant heat flux is
expected, such as the rotor innermost surface and surfaces of the stator carrier away from the
stator cores and coils where most of the electromagnetic losses are concentrated. A
conservative heat flux value of bearimgchanical losses is applied at an approximated-rotor
bearing interface surface at the rotor inner diameter. An insulative adhesive layer of 8.1 W/m
K thermal conductivity is considered as thermal contact resistance between the solid
components.

A stagnatbn boundary condition is specified at the inlet, whereas an atmospheric opening is
specified for the outlet to minimize the influence of outlet boundary conditions on the results.
Moreover, the inlet and outlet fluid regions were extended to a suitablg éxtough multiple
iterations for the same purpose. These boundary conditions allow the model to solve for
unknown mass flow rate due to the rotor rotation. Symmetry conditions are considered to

account for the doubleotor, singlestator motor topology.

Boundary Condition
Inlet Protal = 0 Pa,T = 298 K
Outlet Atmospheric opening ktaic = 0 Pa
Stator / Cover Walls Adiabatic neslip smooth wall
Stator Wall Facing Air Gap Isothermal neslip smooth walll = 423 K
Rotor Fluid Solidinterface Conservative heat flux, ralip smooth wall
Solids Interface 0.05 mm adhesive layer
Table4 BoundaryConditions
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3.6 Mesh
Hexagonal ohybrid conformal mests aregenerated using ANSYS meshing softwaretlier

modeled geometriemccounting for periodicity to reduce mesh siteenever applicabldhe
mesh is refined in the near wall fluid regions to kekpsar unity for accurate boundary layer

resolution.

3.6.1 Meshsensitivity analysis
A mesh sensitivity analysis study is performed to ensure high solution accuracy and minimal

discretization error. The study is performed on one a sinfppeodic sector model using

the SRF approach. Four meshes are tested with different mesh counts as shabie Hh

Four solution monitors are used to measure the accuracy of the solution andndetbami

mesh independent solution, with the main focus being on the variation in magnets temperature
as

the main design parameter in this work.

Mesh Elements 1n Massflow 56 56 Y Error
Count, n [kg/s] Rotor Stator [K] %

Mesh 1 86277 1.2E05 0.01024 316.0 134.8 397.0 0.5

Mesh 2 308598 3.2E06 0.01047 336.5 136.8 3979 0.27
Mesh 3 1707750 5.9E07 0.01071 352.0 126.2 399.1 0.025
Mesh 4 1855680 5.4E07 0.01071 352.2 1243 399.1 0.025

Mesh

0 0.01078 356.0 127.4  399.0 0
Independent

Table5 Mesh sensitivity analysis

The study shows that despite the noticeable variation in other solution parameters, the final
effect on the magnets temperature is found to be marginal. The error from the mesh
independensolution is found to be only 0.5% with the coarsest mesh and 0.025% with the
two finest meshes. This concludes the insensitivity of the solid thermal characteristics to mesh
size in CHT rotor simulations. In mesh sensitivity studies done by MabhyFawzal[44],

and Howey49], they showed similar results where mesh refinement had a minimal effect on
the temperatures and thermal properties in rotouksitions. One potential reason for such
small errors is that a relatively fine mesh near the rotor walls is maintained across all studied
meshes. This ensures having a solution of relatively high accuracy for the surface properties

regardless of the ovdtanesh size.

52



Fawzal[44] divided the computational domain into different parts where each part had a
different mesh setup. The mesh density and near wall grid thickness were varied iteratively to
achieve loww andindependence of thermal and flow characteristics. Giversithéarity
between the geometry of the computational domain in the referenced study and this work; the
same approach is followed, atite same target mesh criteria are used. The mesh elements
size target is kept within 0.76 mm within the rotor enclosuréddditional mesh refinement

near the rotor walls and blades is maintained by setting the first mesh layer thickness between
0.5 - 0.05 mm throughout the rotor to account for the local high Reynolds number over
different surfaces. Greater attention tortiesh refinement at the air gap is required given the
sensitivity of the heat transfer to the flow regimes in this reggoshown irkig. 3-5. Hence,

a hexahedral gridvith 3240 elements across its thickness is used to ensure mesh
independence at this region according to earlier st4d@igg/1]. Fig. 3-4 shows a exanple

of themesles used in this research and the resulimmgdimensionalvall distancey™, shown
in Fig. 3-6.
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Fig. 3-5 Close upatthe hexahedraimeshlayersat the air gap
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Fig. 3-6 Non dimensionalvall distancey* at the rotor surfaces
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3.7 Convergence Criteria
Solution convergencis judged through monitoring different variables in the solid and fluid
domains, such as magnets maximum temperature, total heat flow, and inlet mass flow rate.
Besides, an RMS residuals value oP1€set as a convergence criterion, and a Coefficient of
Variation (COV) value of 0.01 was set as a target for the heat flexCOV is the normated
standard deviation of the moving averagen other words, the COV measures the deviation
of the total heat transfer from the mesvhhen COV is equatio 0.01, it means that the total
heat transfer is converged within 1% variatitoat its mean. The moving average interval is
set to 25 iterations. Normally the thermal variables convergdoster number of iterations
before reaching the other convergence criteria, which indicates the sufficiency of these criteria

to reach a conveegl solution.

n B nQ (62)
0
) B PO N (62
0
60 w=— (63)

3.8 Verification
The discussedCFD model setup is verifiedgainst the resultdiscussedn [41]. Similar
geometricabetup isused;howeverthedimensionof the designediachine isused
Thecorrelationgprovidedin the studyis usedo calculatehe heat transfer over timeagnets
air gapsurface as highly citical heat transfer regiom.he Nusseltnumber value calculated
from the simulation is compared to tberrelated valuewithin a1.1% margin of errarThe
figures below(Fig. 3-7, andFig. 3-8) show the flow patterns in theerification simulation.

The shown patterns are found@similartothep at t er ns shown i n Rasekl
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Fig. 3-7 Velocity contours captured at an axial plane located at the middle of the magnets
thicknessshowing similarflow patterns at the equivalent locatisimown in[41].

Fig. 3-8 Velocity contours around the rotoratadialplane locatedh the middleof the
magnets aichannelshowing similar flow patterns at the equivalent location show#lih
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4 Integrated Rotor Air Cooling Improvement and Design Iterations

The simplest rotor design for an AFPM machins llant rotor carrier gometry Owith flat
surfaces and surfageounted magnets. The rotor losses as previously discussed makes the
magnets at the risk of potential overheating and demagnetization. An air cooled rotor with flat
surfaces at low rotational speed would hawenherently limited cooling capacity and may

not provide a sufficient cooling rate to keep the magnets bitleivthermal threshold. The
designed machine generates heat in the rotor that can reach as high as 740 W, thus a rotor air
cooling rate of the same value should be maintained while keeping the magnets temperature
below 100 C as previously specified in the maetoperation requirements.

Multiple designs of the rotor and the rotor housing are tested numerically through different
design iteratioa These designs airo improve the rotor thermal performarimeintroducing

and improving the design ofmultiple geomeical features on the machine rotandaits

housing that can enhance the rotor heat transfer. However, such geometrical features might
also increase the machine windage losses, therefore multiple design iterations have to be
carried out in order to ensuttee best possible thermal performance of these desigrievat

cost of associated windage losses

4.1 Design Direction Setting
Initial design iterations are made in order to set the initial base rotor geometry design. The
design features are applied progresli to a basic design that consisléhe structural

requirements of the rotor assembly showFimn 4-1.

T
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\
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Fig. 4-1 Basemachine assembly with preliminary basic rotor design.
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Flat Rotor Carrier

Bladed Rotor Carrier

The rotor housing desigalthough critical to the rotor thermal performance, is initially set as
a simple wall witha simple inlet and outlet to ease the simulatioocpss duringhe first

phase of the rotor design. Six rotor designs are selected for this study and classified as shown

Rotor
Carrier
Vented Closed
Rotor Rotor

below:

V ' Protruding Mounted ‘
Flat Gapless Magnets] Magnets
—1 — ) ——— .
Non Non Non
Bladed] [ Bladed] Bladed] [ Bladed [ Bladed [ Bladed]
Closed Rotor Vented Rotor Vented Rotor with

Protruding Magnets

Rotor 1 Rotor 3 Rotor 5
Rotor 2 Rotor 4 Rotor 6
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All six rotor assemblies are simulated with a simple wall enclosing the rotor carrier. The wall
represents the motor housing with an axial air inlet at the center of the rotan apén
periphery as an outlet. This inlet arrangement is selected baskd study done by Fawzal

et al[60]. However, a completely open periphery is usedrasutlet instead of the volute
casing with a single outlet used in the study. Vhleite casing outlet might be a must for a
commercial machine design due to outlet size limitations imposed by the motor assembly.
However, this design iteration is meant to investigate the simplest rotor/housing assembly.
Moreover, this simplification falitates the study of the different designs using a sectional
rotational CFD model. The studied fluid and solid dormaéme modeled in ANSYS
SpaceClainfollowing the geometricalguidelinesfor sectional models discussed in Chapter

3. The results from different CFD simulations show incremental improvement in the rotor
cooling performance through adding the previously discussed geometrical features, as shown
in Fig. 4-2. The average heat transfer coefficient values discussed are calculated based on the

inlet temperature.
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Magnets Max Temperature (C)
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= Windage Losses (W)

Fig. 4-2 Performance monitor variables of the different rotor designs
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The enhancemerin rotor cooling is best demonstrated in reducing the maximum magnets
temperature at the same operating conditions. The temperature reduction is directly related to
either an increase in the mass flow rate, the rotor average heat transfer coeffizo¢imt ®he

rotor geometry dictates the amount of momentum transferred from the rotor to air which
defines the pumping power of the rotor hence the mass flow rate. The flow turbulence is
mostly dictated by rotor surface geometry features. It defines theceurbnductance and,
hence, the heat transfer coefficient. There is also a direct relationship between mass flow rate
and windage losses representing the pumping power. This was observed in the rotors, which
either have an embedded fan or suram®inted magnets thahave a centrifugal farike

effectcentrifugal fan.

4.1.1 Closed Rotors (Rotor 1 and 2)
Rotor 1 shows the highest magnet temperature associated with the lowest mass flow rate and
lowest rotor average heat transfer coefficient. Batchelor flow paitehe air gap is observed
which explains the deteriorated heat trang38}. Hot air is recirculated at the air gap due to
the existence of the rotating core between the rotor and stator boundary layers. The flow
streamlines over Rotor 1 presentedrig. 4-3 show Batchelor flow type, also Eckman layer
flow at the enclosed cavity between the rotor and the stator agreein{B@jitirhese two
flow regimes deteriorate the cooling heat transfer or even heat the rotor inner surfaces where
the entrapped recirculating air temperature exceeds the solid body temperature of the magnets.
The bw mass flow rate is due to the limited pumping effect of the flat rotor surface compared
to the other designs with blades and throflglv ventilation. This design represents the
baseline performance allowing for assessment of enhancements in the othetrigs.
Rotor 2 with the embedded fan blades decreased the magnets maximum temperature by 44
degrees due to the increased mass flow rate and turbulence over the rotor carrier surface, as
shown inFig. 4-4. This improvement, however, comes at the cost of a 140 W increase in the

windage losses equivalent to the added pumping power of the fan.
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Fig. 4-3 Flow streamlines ovahe magnets at the rotor periphery showsagchelor flow
with core rotation at the air gap and Eckman layers at the rotor cavity in Rotor 2.
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Fig. 4-4 Correspondence of high turbulence kinetic energgiroit 0.5 mm from the rotor
surface (a) in Rotor 2 with high local heat transfer coefficient over the rotor surface (b).
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BothRotord and 2 have similar flow patterns ove
most of the heat is removed indirecttydugh the rotor carrier surfaces similar to the baseline
geometry. The temperature contours=ig. 4-3 show a nearly ondimensional heat flow in

the axial direction vih the hottest spot on the magnet surface at the air gap. This can be
observed through the nearly flat temperature contours as a result of minimal heat transfer on
the magnets surfaces, while a noticeable temperature gradient is seen in the axiah directio
with lower temperatures shifted towards the rotor carrier shothimdirection of the nearly
onedimensional heat flow. The half parabolic temperature contour in the back iron supports
the same rationale since a secondary heat flux in the radial aliréctntroduced by the rotor
carrier lip where it contacts the back iron at the outer diameter. The contour curve is nearly
flat at the back iron inner diameter indicating a diminished heat transteeomer surface.

The reason behinithe diminished ooling rate on the external surfaces of either the magnets

or the back iron is due to flow recirculation at the air gap and the enclosed.

4.1.2 Vented Rotors (Rotor 3 and 4)
Rotor 3 although flat, showed major improvement in the cooling performance achieving
lower magnets temperature and higher average rotor heat transfer coeffiailwtert mass
flow rate when compared to its neented counterpart Rotor 1. Unlike the ngnted rotors,
the temperature contours in vented rotors tend to be more ellipticalesnviththeir center
shifted towards the outer diameter which indicates the heat is being transferred through all
surfaces. The existence of vents in the rotor allowed a net outward flow at the air gap periphery
eliminating the recirculating core as tflew changes to Stewartson flow type as shown in
Fig. 4-5. The net outward flow results in having the higher temperatures contours shifted
towards the peripheral walls due to the higher heat transfer rate at the inner walls since they
are exposed toolder air from the vents. The Stewartson flow type allows the magnets and
back iron to be cooled at all the surfgaedike the closed rotors where the losses were mostly
cooled through conducting heat to the rotor carrier. Also, lower magnets temperater
achieved at 75 % less windage losses.
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Fig. 4-5 Flow streamlines over the magnets at the rotor periphery sh@&tevgartson flow
with net outward flow in Rotor 3.

The combination of rotor bladesith the vents in Rotor 4 shows further reduction in the
magnet and overall rotor temperatures. This reduction is a result of the increased mass flow
rate as well as increased heat transfer due to the higher turbulence at the bladed side of the
rotor, simlar to Rotor 2 . However, the windage losses increase by 160 W compared to the

bladeless Rotor 3.

4.1.3 Rotors withprotrudingmagnets

Introducing air channels between magnets poles in Rotor 5 improves the cooling performance
compared to Rotor 3 which has thengarotor geometry minus the air channels. The magnets
maximum temperature drops 7 degrees, while the average temperature drops 15 degrees.
However, the windage losses increase by 103 W due to the added fan effect from the
protruding magnets. This effectstdts in a 62 % increase in the air mass flow rate and a 43

% increase in the average heat transfer coefficient. The increased magnets surface area and
air masdglow rate as well as the added flow turbulence contributed to the overall enhancement

in the cmling performance.
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Rotors 5 and 6 show unsymmetrical temperature distribution in the magnets with an
observable hot spot on the pressure side. This is related to thumifiomm airflow inside the

air channels, which causes a difference in turbulencgtikienergy levels over the channel
sides, as shown fRig. 4-7.

This affects the local heat transfer on the magnets pressure and suction sides, asiBigown in
4-7. On the suction side, the graph shows a local peak halfway through the air channel
corresponding to an increased local turbulence kinetic energy of the flow neaithethat
location. Contrarily, on the pressure side, the local heat transfer is highaatbrige first 20

% of the channel length, followed by a dip that corresponds to the location of the hot spot
observed on that magnet face. The heat transfezaees again at the channel end as the air

flows over the sharp edge of the magnet.

[

Magnet Temperatu
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Fig. 4-6 Turbulence kinetic energy in the air channels and the correspondipgregture
contours inside the magnets paiefotor 5

65
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Fig. 4-7 Local heat transfer on the magnets suction and pressure sides.

Rotor 6 has the best thermal performance among all other rotors lia@imghest average

rotor heat transfer coefficiertiowever, it has 1 degree higher maximum magnets temperature
than Rotor 4 and 32 % higher windage losses. The temperature cont&igs4#8 show

better temperature distribution in Rotor 6 compared to Rotor 4 impbyilogver average
temperature of the former due to the increased heat transfer on the air channel sides of the
magnet.This can be related to the fact that the fluid flow exhibiegotation at the air gap in

Rotor 6 as most of the rotor outflow exit through thechiannel rather than the air gap which
result in increased film temperature at the magnets surface at the p2ppt8], hence the
deteriorated heat transfer. The conclusion is that the protrusion of the magnets allows for
increased mass flow rate around the rotor as well highemage Nusselt number over the

rotor surfaces. The increased overall heat transfer only reduced the average temperature of the
magnets by 5 degrees, while, the maximum temperature slightly increased due to the
deteriorated heat transfer at the air gap. inlfgovement in thermal performance came at a
cost of increased windage losses, sacincrease represents an unjustifiable addition to the
machine losses given that the enhancement in cooling performance is not enough to further

lower maximum magnets teragature which is the main design goal.
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Fig. 4-8 Temperature distribution in the six different presented rotor geometries.

4.2 Cooling Performance Factat,
For a better comparison of the cooling performancehaf presented rotor geometries with
respect to the associated windage | osses, a
introduced.Timit resembles the temperature limit of the magnets (150 °C), and Tm is the
maximum temperature of thmagnets at steady state. This factor measures the power
consumed by the rotor in the form of windage losses per each degree drop in the magnets
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maxi mum temperature below its critical I i mi t
is capable of stelly operating at safe magnets operating temperature limit. NdFeB magnets

usually operate below or at 100°C in automotive/aerospace applications.

_Windage Losses (64)
T i mikm
Five of the presented rotorsweteo mpar ed based on d. The basel

the comparison since its maximum temperature is higher than the critical limit. The second
rotor is added for comparative purposes, although it does not qualify for safe operation since
the magnettemperature exceeds the 100°C threshold.

As shown inFig. 4-9, Rotor 2 consumes the highest power per degree reduction in magnets
temperature. The closed rotor configtions rely only on indirectly cooling the magnets
through the rotor carrier. This is an inefficient method due to two main reasons. Firstly, the
heat flux path from the magnets to the rotor carrier has a high resistivity. This is imposed by
the existenceof two insulation layers between the three solid components and the lower
conductivity of the cobalt steel back iron compared to the aluminum rotor carrier. Secondly,
the development of Batchelor and Eckman layer flow on the inner walls of the rotors cause

hot air to recirculate and deteriorate the convection heat transfer on the rotor surfaces.
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Fig. 4-9 Performance factor for the presented rotor geometries.
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This concludes that the closed rotor geometries are the least performing geometries and any
efforts to improve their thermal performance through the addition of geometrical features
would be inefficient either thermal wise or power wise. It is worth maimg that the
performance of Rotor 2 alike geometries could be improved by modifying the rotor blades as
discussed ifir2] and[73].

The cooling performance of the other vented geometries varied widely, with the flat vented
Rotor 3 haing a substantially better performance than other rotors with their added features.
However, the maximum temperature is found to be only 5 degrees below the operating
temperature limit. Usuallyfor commercial machines, a safety margin of2D0degrees is
recommended. Fawzal et al. set 80°C as the maximum rotor temperature limit for their study
as specified by the machine manufact(ir@}. The main design advantage of vented rotors is
removing theheat directly from the he@fenerating source by forcing air directly over the
magnets. The rotor's internal flow path can be improved through rotor geometry optimization
with aminimal increase in windage losses.

Rotor 5 shows a slightly better perforncencompared to Rotor 4, but it also lsesightly

higher maximum temperature. The better performance seen in Rotor 5 over Rotor 4
emphasize that the enhancement of rotor internal flow for better direct cooling is usually
more efficient than improving thadirect cooling through the rotor carrier.

The addition of fan blades in Rotor 6 geometry is found unreasonable given the minimal gain
it offers in terms of thermal performance over the more efficient Rotor 4 and 5. This is
reflected on the cooling permance factor which approaches the value of the Rotor 2 that
has the worst performance among other presented rotors.

The study showed that vented rotors have superior cooling performance at slightly higher
windage losses when compared to their-mwented ounterparts. The improvement was found
mostly related to the air gap flow type since vented rotasewable to eliminate flow
recirculation regions which deteriorate heat transfer at the rotor inner walls. tAé&so,
introduction of magnets protrusionsuéed ina43% improvement in heat transfer compared

to gapless magnets asesult of increased mass flow rate. However, the magnets maximum
temperature dropped only 7 degrees tiués strong dependency on air gap flow which was
found to exhibit core tation in the case of protruding magnets. The addition of straight fan

blades to the rotor enhanced the overall rotor cooling however it increased the windage losses
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by at least 86% when compared to their4bteded equivalent geometries. Swagtincrease
reduced the rotor cooling performance factor by 25% for nearly the same thermal
performanceFanblades increase the air mass flow rate and turbulence over the rotor surfaces
which improves the cooling rate when direct cooling is insufficibietverthelessthe rather
modest thermal conductivities of the rotor components often used (neodymium magnets,
epoxybased adhesives, steel back iron) limit the overall cooling capacity of the rotor blades
given the indirect heat path between the cooled rotor suniacina magnets. Such limitations
affect the cooling efficiency of rotor blades; Accordingly, it was found to consume higher
power (windage losses) per degf€ereduction in magnets temperature when compared to
the other mentioned cooling features.

Despite the downsides of the rotor bladis, studyshowedthatthey can achieve superior
cooling rate when coupled with rotor vents, resulting in low magnets operating temperature
within areasonable windage losses rate.

It is worth mentioning that the study is performed at a different operation (B&0® RPM)

from the other simula&ns shown later in this chaptétowever, the study results are indeed
applicablefor the continuous power operation condition used for later studies.

Based on the study results, the initial design igsbave a ventilated rotor with embedded
radial fan blades and further design changesmade forthe mechanical integration of the

rotor with the other parts of the motéiurther studiesre done fothe improvementof the

fan blades fobettercooling efficiency

4.3 Rotor Fan Blades Design
The results fom the simulations discussed in the last section as well as experimental results
from previous studies showed that the rotor of an AFPM machinadrasit resemblance to
centrifugal/radial fans. Therefore, centrifugal fan design concepts become ohgredtince
when designing an air cooling system for a-selbled rotoy especially with the integration
of embedded fan blades in the rotor body.
The high cooling rate required by the designed machimaesultof its high power density
and relatively lav permanent magnets thermal threshold, also due to the significant
importance of the fan blades to the rotor thermal performance as previously discussed. The
rotor design has to be studied while considering the concepts of turbomachinery in order to

achiee a thermally sound design without compromising the machine windage losses.
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The resemblance of the rotor to radial fans and ventilated brake rotor disks allows the
application of the same design concepts to rotor geometry. Nevertheless, blower fan design
usually tends to focus on pressure rise, mass flow aatkfan power as design parameters
while the thermal performance of the fan rotor is not usually a concern. Contrarily, rotor brake
disc design focses mainly on the rotor thermal performance with negard to the fan
power/windage loss since it is negligible compared to the power output in a vehicle. Therefore,
this work focuses on utilizing both concepts to make the rotor cooling system as efficient as
possible.

The heat transfer in the bladed roteainly depends on the rotor pumping rate as well as the
turbulence over the rotor surfaces which dictates the heat transfer coefficient over it. The flow
rate of the radial fan sfunction of the blade outlet angle accordiadczuler equations. While

the heat transfer coefficient over the fan rotor is mainly affected by the boundary layer
thickness over its surfaces, hence increased turbulence over the rotor surface would result in
a thinner boundary layer and higher heat transfer coefficient. Theréfiereptor blades
design should aim to increase the turbulence over the fan blades the surfaces by increasing the
relative and meridional speeds of air over the blades and rotor surfaces.

4.3.1 Radialfandesignconcept
Starting from Eulésincompressiblédow equations as the governing equations for the design.
The curveshown belowfor a radial fan with a radial inlet show tliaeflow rate is a function
of the outlet anglekig. 4-10 shows that the maximum flow rate of a fan is possible when it
has a radial outlé,=90°. The high flow rate would result in enhanced heat transfer; however,
the radial outlet would compromise the relative velo¥ityf air over the blade surfaces
shown inFig. 4-13. Additionally, the radial outlet results in the lowest total to static fan
efficiency as shown irFig. 4-11, so it is expected to have higher losses and power demand
compared to its curved counterparts. On the other hand, a curved blade will have a lower flow
rate, but it will havehigher total to static efficiency and higher relative velocities over the
blade surfacerig. 4-12 shows theadial fan curves at different blade outlet anghescordirg
to the curvesa backward curved bladefx 9 Owvould havea higher efficiencyhan the radial
bladeat the same flow ratbelow flow coefficient ia 0. 55 . radial wladesare |,

capable ohigher flow rates.
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Epple et al.[74] presented a case study fibre improvement ofradial fanperformance
targetinga higher mass flow rateAccording to the studythe following design steps are

followed for enhancingher design performance:

1. Reduction of t he ffoaahighedtotldoestatr tam dffieiencya ng !l e,
2. Thereduction of mass flow rate duetoma | Jcanbecdunteractedby increasing the

blade height
3. Finetuningt h e bl ad e ifdar shockless eatry tp miaimibe flow losses.

The authoralso suggestechodifying the inlet radius and inlet blade height to reduce the
relative flow velocity on the blades to reduce friction loss¢®wvever,the higherrelative

velocity is beneficial for hedtansfer Accordingly, the opposite effect is targeted forribter

design.
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Fig. 4-13 Effect of blade angles amondimensionalelative velocityover the blad§74].

4.3.2 Radial fan blades
Radial fan bladdbi= b= 9 D is seleted for the first design iteration although it has the
highest theoretical fan power or windage losses. The selection is made for the following
reasons: First, the radial fan blade has the highest theoretical flow rate, therefore studying this
geometry abbws the assessment of the highest possible mass flow that the rotor is capable of
pumping at the given motor operating conditions. Second, to study the effect of mass flow
rate on the rotor thermal performance and be able to further compare it to theuotieer
blade geometries of lower mass flow rate; similarly, knowing the highest fan power associated
with the radial blade geometry and further compare it to the curved blades of lower power.
Third, the radial fan blade had the highest average heatdracsfficient, hence better
thermal performance compartetthe curved and pillar blade type in the study done by Fawzal
etal.[72].
Modifications are applied to the simple rotor design presentedctiond.1 along withthe

revised fan blades design for the following reasons:
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1. To allow the rotor to accommodate the other motor components such as the sprag clutch,
resolver and bearing housing in the rotating assgmbl

2. To account for the increasedechanical stresses due to the increased nominal speed
requirements.

3. Reducing the magnets eddy current losses by using Hailbptdssnagnets array instead

of conventional surfacenounted magnets poles.

4.3.2.1 Back Plated RotqrRL
The design concept of the brake rotors studid@Shand[73] is appliedfor the rotor design.
Unlike the bladed rotor geometry shown in the last section which did not have a back plate
covering the blade, this rotor has its blades enclosed by a back plate forming internal channels
inside the rotor carrier body. This back plaerves as a mounting surface for the resolver
target as well as an additional surface for heat dissipation.
The rotor vents are shifted more towards the inner diameter sharing the same axial inlet with
the fan section as shown king. 4-14. This allows the fan section of the rotor to be extended
over the entire back of the rotor increasing the effective heat transfer area and without

interfering with the other componisof the rotor.

T _.______

s

Fig. 4-14 R1rotor design,Back platedotorwith radialblades.
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The rotor design parameters and key results from the simulation at the machine nominal load

is as shown below:

DesignParameters

Bl ade Outd et or°
Blade Inlet Anglep: 90°
Number of Blades 48
Inlet Radius, 1 102 mm
Outlet Radius,x 119 mm
Constant Blade Height, b 3 mm
Lean Anglea 0°
Key Results
Mass Flowrated 81.8 x1C° [kg/s]
Average Heal Q 204.4 [Wint.K]
Transfer 0 69.1 [W/nt.K]
Coefficient,Q o) 158.5 [W/nt.K]
Power (Windage Loss), P 486.9 [W]
Maximum Ma_lg_]nets Temperature 86.5 PC)
max
Cooling Performance Factat, 7.67 [WIK]

Table6 Design parameters and key simulation resafifR1 rotor.

The design allows the magnets to be at a safe operating temperature, The maximum recorded
temperature within the magnets was 8&5with enough safety margin below the threshold

at 100°C. The temperature contours below show that the highest temperatheerotor is

near the bearings, while the lowest temperature is at the backplate near the inlet with a
marginal increase in its temperature near the outlet. This indicates the high cooling intensity
at the backplate asresult of its large surface araad the fact that it is being cooled on both
sides.

The internal blades of the rotor do not only pump the air throubhtitheyalso act as heat
dissipating fins. This can be observed through the variation of the temperature at the rotor
carrier circumérence near the outlet upper edge where lower temperature regions surrounded
the blades. Oppositely, lower temperatures are found in between the blades due to the higher
cooling rate on the backplate as it acts as a larger fin

The static pressure contousglow show the pressure development in the rotor channels
reaching a maximum at the outlet. This is tluthe exchange of angular momentum as well

as the diffuser effect of these channels since the increase in the flow area in the radial direction
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is notcompensated bthe reduction of the channel height. Moreover, increased pressure in
the internal cavity of the rotor resulted in major blockage of the flow through the vents as
shown in the streamlines Kig. 4-14. Higher pressures seen near the back iron duethe

entrapment of air near the corner by Eckman layer flow inside the cavity.
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Fig. 4-15 Temperature distributiom R1rotor.
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Fig. 4-16 Staic pressure distributio in throughR1 rotor.
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Fig. 4-17 Flow streamlines througR1 rotot

4.3.2.1.1 BackPlated Rotor with Bleed VentR2

The reduced outlet size in the rotor shawkig. 4-18 along with the bleed between the rotor
inner cavity and the intdéslades channels results in better flow and pressure distribution
through the rotor carrier. Accordingly, its average heastearcoefficient slightly increased.
However, the flow through the air gap deteriorated hence the average HTC over the magnets
dropped to nearly half of that found in the former rotor. As discussed earlier, the direct heat
transfer through the magnet swéa is more critical to its thermals than the indirect heat
transfer through the rotor carrier. This explains the noticeable rise in the magnets temperature

compared to the rotor without the bleed vents.

Design Parameters

Blade Height at Inlet, b 3 mm
Blade Height at Outlet,2b 1.5 mm
Bl ade Outdet A [0y
Blade Inlet Anglep: 90°

78



Key Results

Mass Flowrated 78.5 x10° [kg/s]
Q 267.8 [W/nt.K]
Average Heat
Transfer Q 33.8 [W/nt.K]
Coefficient
Q 163.1 [W/nt.K]
Power (Windage Loss), P 439.7 [W]
Maximum Magnets Temperaturenak 90.2 PC}
Cooling Performance Factat, 7.3 [WIK]

Table7 Design parameters and key resolt&k?2 rotor.
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Fig. 4-18 Static pressure distribution throug2 rotor.
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Fig. 4-19 Static pressure distribution throug2 rotor.

4.3.2.2 Open Channeled RotoR3
The open channeled rotor without a back plate is studied in effort to make the design easier to
manufacture. The resolver target in this design is mounted on the blades to eliminate the need
for the back plate as a mounting surface. Also, a sprag clutdhaduced to the motor which
occupies a larger space of the motor inner diameter compared to having a motor shaft only.
Accordingly, the vent geometry and the number of bladeshanged to allow for axially
mounting the rotor to the motor drive hub.eTtotor carrier thickness is increased near the
mounting region where there it is highly possible for the rotor to cone due to stresses. The
rotor thick section was later extended to its inner diameter in the finalized mechanical design.
The blade heightsiincreased to include height occupied previously by the back plate. The

blade lean angle is increased to keep higher velocity gradients near the rotor back surface.
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Fig. 4-20 R3 rotor design, men channeled rotor wittadial blades.

Therotor temperature contours show that the open channeled rotor is comparable to the back
plated rotor despite the smaller effective area of heat transfer of the former. This is due to the
higher average hetransfer coefficient over both the rotor carrier and magnets as well as the

higher pumping rate of the open channeled rotor.

Temperature [C]

Fig. 4-21 Temperature distributiom R3 rotor
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Design Parameters

Blade Outletd gl 2, b 90°
Blade Inlet Anglep: 90
Number of Blades 48
Inlet Radius, 1 50 mm
Outlet Radius, 119 mm
Constant Blade Height, b 4 mm
Lean Anglea 20°
Key Results
Mass Flowrated 116.7 x1@ [kg/s]
Q 216.6 [W/nt.K]
Average Heat
Transfer Q 86.7 [W/nt.K]
Coefficient,”Q
Q 302.8 [W/nt.K]
Power (Windage Loss), P 704 [W]
Maximum Magnets Temperaturenak 87.5 PC}
Cooling Performance Factat, 11.3 [WIK]

Table8 Design parameters and key resuit®3 rotor

The increased mass flow rate is dueatarger flow area and reduced flow blockage at the
inlet asa result of increased blade height ahé smaller number of blades. The increased
number of blades resaih geometric blockage which when combined with the flow blockage
due to separation at theading edge shown iRig. 4-22 can significantly deteriorate the
pumping capability of the rotor. Although the increased mass flow rate is beneficial for the
heat trasfer, the reduced number of blades also reduced the effective heat transfer area of the
rotor.
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Fig. 4-22 Flow velocity vectors in between the radiattor bladesn R3 rotor
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Fig. 4-23 Velocity contourghrough theR3 rotor.
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The relatively smaller vents at the rotor inner diameter allow a throughflow through the rotor
cavity. The flow exhibited Eckman layer flow at the rotor cavity Eimio the previous
geometry. However, the increased average heat transfer coefficient at the magnets surface

indicates the better performance of the new vents in cooling the rotor internal surfaces.
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Fig. 4-24 Streamlines of the meridionfibw velocity throughR3 rotor.

According to Euler equationthe shaft power is directly proportional to the floate so as

result of the increased pumping capacity of the open channeled rotor, the inherently high
powerof the radial fan is increased.

As discussed earlier, the machine considerations require that the windage power loss should
not exceed a 500 W limit. Although the radial fan maintaare@tiequate cooling rate keeping

the rotor temperaturfar belowits threshold, théan blades designds to be furthemproved

to maintain the same thermal performance at lower windage losses.

4.3.3 Backwardcurvedfanblades
By reviewing Euler equations and radial fan curves, it is concluded that the backward curved
blades can reduce the fan hydrayhower, while also increasing the fan total to static
efficiency theoretically. The combined effect can result in a significant reduction in the shaft
power, hence reduced windage loss. The backward curved fan would however reduce the fan
pumping capacityn results. Nevertheless, backward curved blades have higher relative
velocities over the blades which can increase the heat transfer through increased turbulence

countering the effect of reduced mass flow.rate
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Fig. 4-25 R4 rotor designrotor with kackward curvedan blades.

The new rotor has the same carrier geometry as the prvistuslied rotor, but the rotor
carrier thickness is kept constant past the inlet to avoid the flow separation due to thesshickn
step shown in the figure above. The new blade geometry has a circular arc shape; this type of
blade is easily computed since there is only one possible arc between the predefined inlet and
outlet angles.

The inlet angle idine-tunedto avoid shock ey loss and flow blockage due to flow
separation at the fan inlet. The angle is selected based on a separate simulatiadhevhere
radial inlet was first tested. The outlet angle is selected bast@ cadial fan geometry of a
different application. Thidblade geometry is tested as an initial iteration to estimate the
potential reduction in windage losses as wethathermal performance of backward curved
blades.
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Temperature [C]

Fig. 4-26 Temperature distributiom R4 otor.

Design Parameters
Bl ade Outd et £
Blade Inlet Anglep:
Blade Height at Inlet, b
Blade Height at Outlet,2b
Number of Blades
Inlet Radius, 1
Outlet Radius, >
Lean Anglea
Key Results
Mass Flowrateg
Average Heat Q
Transfer Q
Coefficient 0
Power (Windage Loss), P
Maximum Magnets Temperaturenak
Cooling Performance Factor,

24°
57°
5.5 mm
4 mm
20
60 mm
114 mm
0°

80.9 x10° [kg/s]
155 [W/n?.K]
56 [W/MP.K]
224 [WINt.K]

193.4 [W]
100.4 pC]
3.9

Fig. 4-27 Designparameters and key resuttsR4 rotor
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The results shova significant reduction in mass flow of the backward curved fan blades
compared to the radial ones. Accordingly, the heat transfer deteriorates over the rotor, surfaces
and the temperature of the magnets incieasea result. Although the radial fan hastdre
thermal performance, the average relative air velocity over the fan surfaces in the backward
curved fan is 54% higher on the backward curved blades, &isorotor carrier with the
backward curved fan dissipated slightly more heat than the other roto

The figure below(Fig. 4-28) shows the velocity vectors of the flow at the blade inlet. The
radial inlet shown in the left image resulted in flow separation accoegiaya wake region

at the blade suction side, while tlevisedinlet angle has a uniform flow between the blades.
This results in more uniform heat transfer over the rotor carrier surfaces and eliminates the

flow blockage due to flow separation betwelea blades.

Fig. 4-28 Flow velocity near thebackward curved bladeading edgeshowingthe flow
separation due tihe misalignednlet angle left) in comparison with theladealigned flow
afterinlet angle correction (right).

4.3.3.1 Rotor Bladesseometryimprovement
The backward curved blade showed a significantly lower windage power loss. Although the
thermal performance is compromised, it is noticed that the reduction in the heat transfer
coefficient is noproportional to the reduction in the windage loss. This is due to the effect of
the increased relative velocity over the rotor surface as a result of reducing the blade outlet
angle which enhansé¢he surface transfer.
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In the followingrotor R5design, te blade outlet angle is increased. The increased blade angle
hasa higher theoretical flow coefficient, hence better mass flow rate and increased heat
transfer. The blade inlet diameter is increased to reduce the total pressure development in the
fan and he fan poweas aresult. The blade inlet angle is changed accordingly to enseire th
alignment of the flow at the new inlet diameter. The blade height was increased at the inlet to
increase the geometrical flow area hence the maximum flow rate. The bdéglg h
downstreanof the inlet was computed based on the equation showahte9. Epple et al.

[74] discussed different approaches for blade height computation. The constant meridional
velocity Gy (r) = const. sggested by Pante]V6] and Eckert and Schndlf'7] is followed.

This is to ensure appropriate distribution of meridional velocity without abrupt deceleration
due to expansion as the flow area increase in the radial direction in case of constant blade
height.

Fig. 4-29 RotorR5 desigrwith improved backward curved blades

The blade outlet angle fne-tunedto maximize the flow ratio of the backward curved at the
highest possible total to static efficiency. The anglegovedwith no regards to the maximum
pressure drop. The graph beld@kig. 4-30) shows the flow coefficient at the maximum fan

efficiency at different outlet angl¢g4].
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Fig. 4-30 Flow coefficient variation with blade outlet amegl

The design providessufficient cooling rate to keep tneagnets temperature 6 degrees below

its threshold at a relatively low rotor windage loss compared to the maximum allowable value
as well as the other designs. The enhanced heat transfer can be related to the high relative flow
velocity over the rotor caet surfaces in addition to the high mass flow rate compared to the
other designs.

Temperature [C]

Fig. 4-31 Temperature distributioim rotor R5
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Design Parameters

Bl ade Outd et £/ 38°
Blade Inlet Anglep: 50°
Blade Height w
Number of Blades 36
Inlet Radius, 1 66.5 mm
Outlet Radius,x 115 mm
Lean Anglea 25°
Key Results
Mass Flowrated 135 10 [kg/s]
Average Heat Q 264.665 [W/M.K]
Transfer Q 66 [W/n?.K]
Coefficient 0 328.7 [WIn?.K]
Power (Windage Loss), P 300 [W]
Maximum Magnets Temperaturenak 93.6 PC]
Cooling Performance Factor, 5.32

Table9 Design parameters and key resoltsotor RS

The results show the sufficiency of the design in terms of thermal performance and acceptable
windage lossesandthat it can be used for an initial prototype. Further optimization can be
done to the rotor gemetry. However, it is decided to proceed with this design for the next

design task involving the full assembly including the rotor housing.
Rotor R3 Rotor R4 RotorR5

Blade Configuration b,=90 by=28 b,=38
Max. Magnets TemperatufeC] 87.6 1004 96.1
Avg. Magnets TemperatufeC] 84.6 97 92.2
Avg. Rotor Carrier TemperatufeC] 80.4 92 87.3
AverageMagnetsHeat Transfer
Coefficient, Gragnets[W/m?.K] 86.7 56 66
AverageMagnetsHeat Transfer
Coefficient, Qarrier[W/m?.K] 302.8 224 328.7
Q Magnets Percentage % 11.2 7.1 7.1
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Q Rotor Carrier Percentage % 88 92.4 92.5
Ave. Relative Velocity on Carrier

W[m/s] 6.7 10.4 254
Max. Relative Velocity on Carrier 964 62.7 69
W[m/s]
Mass Flowratgkg/s] 0.117 0.092 0.135
Windage Loss [W] 704 193.4 284.5
d [WIK] 11.3 3.9 5.3

Table10 Summary othermal performancef the different studiedotors with different
outlet blade angles.

By comparing the different designs side to side, the blade angle shows to have a great

influence on the thermal performance of the rotor.
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Fig. 4-32 Effect of rotor Hades outlet anglen magnets temperatusadwindage losses
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4.3.4 Surfaceturbulencesffect onrotor heattransfer

The previous study on rotor geometry features emphasizsdynificart effect of turbulence
over rotor surfaces in enhancing theerall heat transfer. The analysis of the final backward
curved blade fan showed agreeing results. The figure békg. 4-33) shows the

correspondence of zones ofjhilocal heat transfer coefficient to the regions of increased

surface turbulence kinetic energy. The high turbulence kinetic energy over the backward

IR TS~ S N S
I I A I O )

Local Heat Transfer Coefficient [W mh-2 KA-1] Turbulence Kinetic Energy [m"2 s"-2]

Fig. 4-33 Effect of turbulence kinetic energy (left) on local heat transfer (reghble
rotor/blades surface.
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curved fan blades can be associated with the inherently high relative velocities due to the
reduced outleangle.

The contours over the blade surfaces show the effect of different flow patterns over the
pressure and suction sides. The suction side appears to have a nearly uniform heat transfer
coefficient with a peak where the flow reattachs over the bladetpa separation at the
leading edge as shown kig. 4-34. On the other hand, the local heat transfer coefficient on

the blade pressure side has a gradient in tha dixection corresponding to the strong shear
forces over its surface. A narrow region of reduced heat transfer at the blade inlet is a result

of the interference of two separations zones, the one at the blade leading edge and the other

one from the 90centrifugal inlet as shown iRig. 4-35.

<X

Fig. 4-34 Flow velocity contours midplana-betweertherotor blades suction and pressure
sides.

The local heat transfer contours show the effect of the-oléeles flow patterns on heat
transfer. The local heat transfer coefficient contours on the rotor carrier back side show a
nearly uniform value with a pkaneartheinlet region due to flow impingement. A narrow
region of reduced heat transfer separating two regions of higher local heat transfer coefficient

is seen near the outlet. This is a result ofrtli@mal flow separation ovethe pressure side
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of the blade which thereattack near the blade outlet as shown in the velocity contours below.
Another flow separation appears at the step at the rotor carrier back which alsoimesult
slight reduction in the local heat transfer coefficient. The reatdfound to be agreeing with

theanalysis made for a similar setup for a ventilated brake ro{@Bin

Velocity [m s*-1] Local Heat Transfer Coefficient W mA-2 K*-1]

Fig. 4-35 Effect of flow separatioshownthrough tte velocity vectorgleft) onlocal heat
transferon the rotor backide(right).
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4.4 RotorEnclosureDesign

A final step for machine prototyping is the integration of the selected rotor design in a full
motor assembly including the motor housing and the motor covemableine final assembly
defines the initial shape, locatioand dimensions of the rotor air cooling system inlet and
outlets. The machingackabilityrequirement only allows for having all the air cooling system
openings on its circumference which poaehallenge due to reduced airflow area and added
pressure drop.

An initial enclosurelfousing and covgdesign considering the machine liquid cooling system
hook up, mounting featuregnd overall mechanicatructural integrity is showm Fig. 4-36.

For each rotor side, a single infesingle outlet casing design is initially proposed based on
the design of a similar machine discusseb]. A conventional centrifugal fan design is
proposed initially with a radial inlet that feeds the air to the impeller eye at the center, the air
is then exhausted through a single outlet locatea nearly 9@egree angle from the inlet
location to avoid shoitircuiting of the hot air back into the inlet.

Rotor Inverte
Cover Casing
Inlet =—
Outlet
Motor
Casing

Fig. 4-36 Representation of theternalview of the machine assembhyth the initial
enclosure design.
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4.4.1 Casing / Outletlesign

4.4.1.1 Spiral volute- single radial outlet
A simulation for the proposed design is run to reassess the theenfi@mance of the rotor
given added flow restriction® further fine-tune the enclosure design. Initial resu(tsig.
4-37) showeda significant reduction in the rotor thermal performance compared to the
previous simulations where no motor enclosure is considered. This is due to the reduced mass
flow rate due to lbw blockage, also the uneven flow distribution at the inlet as will be

discussed ithe following section.
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Fig. 4-37 Streamlinesnside therotor enclosure and the rotor temperature distribukibn
the intial enclosure design.

The sectional simulation for the same rotor presented in the previous section stands as a
benchmark of the prototype rotor best thermal performance dee¢oflow restrictions and

higher accuracy of the model. The simulataf the rotor considering the initial cover design
shows a significantdeterioration ‘inthe thermal performance.The mzignets maximum
temperature increased BY.7 °C exceedinghe designtemperature limit by37.7°C.

Further analysis shows that teeclosure increased the pressure drop across the rotor hence
redudng the mass flow rate given that there is no change in the rotational speed. Moreover,

the excessive pressure development in the volute due to the dynamic pressure recovery and
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having a sigle outlet resulted in uneven flow through the impeller or even flow blockage at
certain. The radial outlet geometry reduced the effective outlet flow area which also
contributed to the reduction in the mass flow rate and increased pressure drop.

The veleity contours indicat@an unevenness in the instantaneous flow distribution through

the rotor passages at a given timestep. The figures l{Eigw4-38 andFig. 4-39) show the
correspondence of the zones of excessive pressure gradient near the outlet with the blade
channels where the flow is weak or nearly blocked. The flow indita¢eimcompatibility of

the volute design with the blades design and operating speed. The assembly geomstry result
in having the system operating below the optimum mass flow which results in small radial
velocities at the outlet, while the tangential véies aremuch higher than the through flow
velocity in the volute. This resslin deceleration of the flow at the outlet which Iséalthe
excessive pressure rise at these locations and increased diffusion losses. An optimal volute
design would normallyesult in pressure rise as it recovers the dynamic pressure. However,
the increased pressure due to the suboptimal mass flow affects the uniformity and steadiness

of the flow along the impeller circumference.

Velocity Meridional
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[m s™1] \

Fig. 4-38 Unevencircumferentialflow distributionrepresented through uneven meridional
velocities.
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Pressure

Fig. 4-39 Pressure rise across ttwtor and the outlet volute showing excessimeuneven
pressure rise

4.4.1.2 Circular volute- two tangential outlets.
Changes are made to the volute design in order to avoid the unnecessary increase in
temperature requires increasing its crssstional flow area. Such changes cannot be made to
the casing degn given the machine outer measurements limitations. Accordingly, spiral
volute design witlasingle outlet is disregarded.
The new design shown Fig. 4-40 has twooppositely located tangential outlets to allow for
more even circumferential pressure distribution and to reduce the maximum flow pressure rise
in the casing before it can be exhausted to the outside. The inlet design is kept the same to
isolate its effect
An dternative designthat targets reducing the local excessive pressure increase hence
improving the flow steadiness and uniformity. The design might not be precisely applicable
since one of the proposed outlet locations would be interfering with the location designated
for the inverter mounting as shownFig. 4-41. However, the design is still studied to check
for potential improvement due to improving the pressure field around the impeller as well as

increasing the outlet flow area.
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Fig. 4-40 Double outlet volut@esign (wirefame)with respect to theotor.

Region occupied by

the inverter

7 ; :
Region designated for T & i Region available for

-
mnverter connections T —— == vents placement

Fig. 4-41 Machineinverter modular assemblgind limitations orrotor enclosure geometry.

“The initial results showed that the maximum pressure in the volute dropped by 18% when
compared to the previous design, while the mass flow with the new design increased by
36.5%. Heat transfer is improved thanks to the enhanced uniformity of the flowagrests
maximum temperature dropped 14 degrees as a result. Flow blockage due to the fully radial
outlet is mitigated through having tangential outlets as showigi-42.
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The pressure contours shownFig. 4-43 show reduced average pressure around the fan
impeller yielding a significant improvement in the overall flow through ithpeller and
increased pumping rate. The pressure increase due to flow deceleration in the first design is
mitigated. However, the few regions exhibited a slight reduction at the blade outlet which that
the flow is being accelerated to match the throughfspeed in the volute. The pressure
reduction due to increased blade outlet velocity can also induce added losses similar to the
first design. The high radial component and smaller tangential component at the impeller
outlet result in a pressure gradienthe radial direction which also negatively afsttie flow
uniformity.

This study concludes that the reduced pressure development in the fan casing is beneficial for
the fan pumping rate as well as flow uniformity, hence immgthe heat transfer andtor

thermal performance. Further improvements can be yielded however through tweaking the
blade angles as well as the inlet geometry. Reducing the blade outlet angle would improve the
pressure distribution in the volytespecially in the radial directh which would further
improve the flow uniformityby neutralizing the radial pressure gradient seen with the current
design.

Fig. 4-42 Outlet volute flow velocity vectors showing thiéeet of tangential outlein
comparisorto thefully radial outlet.
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Fig. 4-43 Pressure developmethiroughthe doubleoutletcircularvolute.

Fig. 4-44 Flow velocity distributionthrough the rotowith the circular volute
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